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Title of thesis: Thermal Stresses in Pipes

Name of student: Iyad Al-Zahamah Student No: 9897021

ABSTRACT

This study presents results about therm al stresses in externally heated 

pipes that are subjected to d ifferent flow  types: lam inar flow, turbulent flow, 

and pulsating flow. The effect o f  flow  Reynolds num ber on therm al stresses in 

the pipe is studied. To investigate the influence o f  fluid and solid properties on 

the resulting therm al stresses in pipes, tw o solids nam ely; steel and cooper and 

three fluids nam ely; water, coolanol-25, and m ercury are used in the study. 

Pipes w ith different diam eters, length to diam eter ratios, and thickness to 

diam eter ratios are covered in the study to exam ine the effects on therm al 

stresses. D ifferent param eters for pressure difference and oscillating frequency 

are used in the case o f  pulsating flow  to  find their influence on the resulting 

therm al stresses in the pipe. The am ount o f  heat flux at the outer w all o f  the 

pipe is also included in the study.

In order to account for the turbulence, the k-s model is introduced in the 

analysis. The numerical scheme employing control volume approach is introduced to 

discretize the governing equations o f flow and heat transfer. The grid independent 

tests are carried out to ensure grid independent solutions. To validate the present

predictions, data presented in the open literature are accommodated.
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CHAPTER 1

INTRODUCTION AND SCOPE OF THE WORK

1.1 Introduction

One o f the most important areas in the mechanics is the mechanical behavior 

o f materials when subjected to thermal effects. Meeting the need for materials, which 

can function usefully at different temperature levels, is one of the most challenging 

problems facing our technology. Some examples are the dilation effects like the 

strengthening o f bridges on a hot day or the bursting o f water pipes in freezing 

weather and distortions set up in structures by thermal gradients. Sometimes-drastic 

changes in the properties of materials, such as tensile strength fatigue and ductility 

could also result by the change in material temperature. With rising temperature the 

elements o f pipe body expand. Such an expansion generally cannot proceed freely in a 

continuous medium, and stresses due to the heating are set-up. The difficulty is that 

operating conditions not only at elevated temperature levels, but frequently also at 

severe temperature gradients. Such temperature differentials may produce thermal 

stresses significantly high enough to limit the material life. Fatigue failure could also 

occur due to temperature fluctuations.

Thick-walled pipes subjected to internal heat flow are used in many 

applications. When a thick-walled cylindrical body is subjected to a temperature 

gradient, non-uniform deformation is induced and thermal stresses are developed. The 

resulting thermal stresses add to the stresses resulting from internal and external 

pressures in the pipe material. One o f the causes of thermal stresses in pipes is the 

non-uniform heating or cooling; such a situation that exists when for example pipes 

are welded, causing residual stresses. Nuclear engineering structures, military 

industries, chemical and oil industries, gun tubes, nozzle sections o f rockets, 

composite tubes o f automotive suspension components, launch tubes, landing gears, 

turbines, je t engines and dies o f hot forming steels are typical examples.
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The evaluation of thermal stresses in thick-walled pipes is important for 

principal design considerations. When an unrestrained material is heated or cooled, it 

dilates in accordance with its characteristic coefficient of thermal expansion. Many 

attempts were made using different techniques to avoid problems resulting from 

temperature differentials, such as compound cylinders with shrink fits and 

functionally gradient materials. Also, providing expansion joints for piping systems to 

accommodate length changes that take place with changes in temperature were used 

to achieve a better use o f hollow higher working capacity. Without such provision, 

severe stresses could be setup and buckling or fracture of the part could occur. In the 

design and analysis o f thermal piping systems, heat transfer in general plays an 

important role.

The transfer o f heat in a solid occurs in virtue of heat conduction alone for 

time periods longer than phonon relaxation time. This does not have any macroscopic 

levels o f movement in the solid body such as non-uniform electrons motion. At the 

surface o f a body, heat transfer can occur in three ways: heat conduction, convection, 

or radiation. The heat exchange in the case o f convection occurs by virtue o f the 

motion o f non-uniformly heated fluid or gas contiguous with the body. Convective 

heat transfer is the sum of the heat carried by the fluid. Heat exchange by means of 

electromagnetic waves takes place between bodies separated by a distance in the case 

of radiation. The pipe flow subjected to conjugate heating, where heat conduction in 

the solid interacts with convection heat transfer in the fluid, situations that result in 

large temperature gradients finds wide applications in engineering disciplines. This is 

due to the fact that the thermal loading can have a significant effect on the thermal 

resistance o f the pipe. Examples o f systems, in which the conjugate heat transfer 

exists, include heat exchangers, geothermal reservoirs, marine risers, sub-surface 

pipelines engineering structures, refrigeration ducts and nuclear reactors. Based on the 

conditions o f flow and heat transfer, the temperature gradients resulting in pipes 

differ.

2



Two types of flow mainly exist in pipes namely, laminar and turbulent flows. 

The characteristic that distinguishes laminar from turbulent flow is the ratio o f inertial 

force to viscous force, which can be presented in terms of the Reynolds number. 

Viscosity is a fluid property that causes shear stresses in a moving fluid, which in turn 

results in frictional losses. This is more pronounced in laminar type o f flow; however, 

the viscous forces become less important for turbulent flows. The reason behind this 

is due to that in turbulent flows random fluid motions, superposed on the average, 

create apparent shear stresses that are more important than those produced by the 

viscous shear forces. The eddy diffusivities are much larger than the molecular ones 

in the region o f a turbulent boundary layer removed from the surface (the core 

region). Associated with this condition, the enhanced mixing has the effect o f making 

velocity, temperature and concentration profiles more uniform in the core. As a result, 

the velocity gradient in the surface region, and therefore, the shear stress, is much 

larger for the turbulent boundary layer than for the laminar boundary layer. In a 

similar manner, the surface temperature, and therefore, the heat transfer rate is much 

larger for turbulent flow than for laminar flow. Due to this enhancement o f convection 

heat transfer rate, the existence of turbulent flow can be advantageous in the sense of 

providing improved heat transfer rates. However, the increase in wall shear stresses in 

the case of turbulent flow will have the adverse effect o f increasing pump or fan 

power requirements. On the other hand, the conductive heat transfer becomes more 

important in laminar flow than the turbulent flow.

Unsteady flows, including pulsating flows, in pipelines are a common 

occurrence. Many reasons could cause the unsteadiness in pipe flow system such as; 

an adjustment o f a valve in a piping system, or stopping a pump and the time- 

dependent wall heat flux; as in the case o f solar collectors. Steady, laminar, 

incompressible flows can be tackled analytically; however, more complex flow 

situations require computational studies. The analysis of unsteady flow is much more 

complex than that of steady flow. Time as an independent variable enters the 

equations, and equations may be in partial differential form rather than ordinary 

differential equations (particularly in one-dimensional situation), which are solved 

using numerical methods. The unsteady internal flows importance has long been 

recognized. The situations in which pulsations are superimposed on a mean flow 

inside a pipe are o f much practical importance. Industrial applications can be found in

3



ducts, manifolds and combustor pipes, and heat exchangers. In heat exchangers, the 

accurate prediction of the transient response o f temperatures in equipment is highly 

important. This is not only to provide for an effective control system, but also 

important for understanding of undesirable effects such as reduced thermal 

performance and severe thermal stresses which can be produced, with eventual 

mechanical failure. The thermal response o f unsteady temperature subjected to a 

periodic variation o f inlet temperature in heat exchangers and other engineering 

applications is similarly o f great interest for the effective control systems of thermal 

equipment. The determination of effects o f thermal stress oscillations on induced 

fatigue damage has always been a research interest.

1.2 Scope of the Present Study:

The present study investigates the thermal stresses in external heated pipes 

when they are subjected to different flow conditions and it covers both the steady and 

the unsteady types o f flow. The thermal stresses in pipes due to either fully developed 

laminar or fully developed turbulent flows are considered and the Reynolds number is 

taken into account in this regard.

Moreover, in many applications, the temperature gradient within the pipe may 

be time dependent, especially at the beginning of the operation. However, the 

temperature gradient may be oscillating during the operating time. Therefore, the 

design of such pipes needs to be combined with a more accurate thermal stress 

analysis taking into account the time-dependent variation. The unsteady thermal 

stresses in pipes subjected to pulsating flow are examined. The pulsation frequency 

and amplitude effects are covered.

4



Since the temperature of the solid-fluid boundary depends on the fluid 

properties, the effect o f the fluid Prandtl number on thermal stresses is investigated. In 

actual practice, the temperature and heat flux distributions on the boundary depend 

strongly on the thermal properties and the flow characteristics o f the fluid as well as 

on the properties of the wall. In order to account for this effect, different pipe wall 

materials are considered. Similarly, the temperature level and the temperature 

gradients within the solid are highly influenced by the amount o f heat flux supplied at 

the outer wall of the pipe, therefore, different heat flux levels are used in the study to 

examine the effect o f heat flux on thermal stresses in pipes.

The study parameters also include the change o f thermal stresses with the pipe 

dimensions. Different pipe diameters, thickness to diameter ratios and length to 

diameter ratios are also employed in the study.

5



CHAPTER 2

LITERATURE REVIEW

Thick-walled pipes experiencing internal flow through pipes with heat 

interaction finds wide applications in industry. The solution of the conjugate heat 

problem includes the modeling o f three types o f  flow namely; laminar flow, turbulent 

flow and pulsating flow. Considerable research studies were carried out in the past to 

explore the modeling such flows in pipes. The temperature gradient in the pipe 

material results in thermal stresses that are important when assessing the size and 

material properties of the pipes. Intensive research has been conducted in this regard 

in the past. The previous studies pertinent to the conjugate heat transfer in pipes and 

modeling of laminar, turbulent and pulsating types o f flow and thermal stresses in 

pipes are given as follows.

L am inar Flow

Davis and Gill [1] investigated the effects o f axial conduction in the wall on 

heat transfer with laminar Poiseuille - Couette flow between parallel plates. They 

showed that the parameters determining the relative importance of axial conduction 

were the Peclet number and the wall thickness to length ratio. Their results agreed 

well with the experimental findings.
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Faghri and Sparrow [2] studied the simultaneous wall and fluid axial 

conduction in laminar pipe-flow heat transfer. They considered the case where the 

upstream portion o f the wall was externally insulated while the downstream portion of 

the wall was uniformly heated. They indicated that the wall axial conduction could 

readily overwhelm fluid axial conduction, which resulted in a preheating of both the 

wall and the fluid in the upstream region, with the zone of preheating extending back 

as far as twenty radii. The local Nusselt number exhibited fully developed values in 

the upper stream and downstream regions o f the pipe.

Krishan [3] studied the unsteady heat transfer to fully developed flow in a heat 

conducting pipe o f finite thickness when the outer periphery of a pipe that underwent 

a step change in heat flux or surface temperature. He used the method of Laplace 

transformation to solve for the temperature distribution in the composite regions of 

the fluid and solid coupled through matching boundary conditions at the interface 

yielding series solutions, which were valid for small time periods after the transition 

has occurred. He showed that the interfacial temperature decreased with the increase 

o f the diffusive and conductive properties o f both the fluid and solid.

Analytical solutions for the convective heat transfer due to steady laminar flow 

between concentric circular pipes with wall heated and/or cooled independently and 

subjected to uniform heat generation were presented by Amas and Ebadian [4]. They 

showed that the Nusselt number might be affected positively or negatively by the heat 

generation depending on the flow situations.
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A method to solve the conjugate heat transfer problems for the case o f fully 

developed laminar flow in a pipe was introduced by Barozzi and Pagliarini [5], The 

superposition principle with finite element method was employed. They considered 

the wall conduction effect on heat transfer to fully developed laminar pipe flow with 

the exterior boundary was uniformly heated along a finite length. They showed that 

axial conduction in the wall lowered the Nusselt number with respect to the case in 

which the axial conduction was largest.

Parakash and Liu [6] analyzed the laminar flow and heat transfer in the 

entrance region of an internally finned circular duct by numerically integrating the 

governing partial differential equations. They considered two types o f boundary 

conditions, the uniform heat input per unit axial length with peripherally uniform 

temperature at any cross section and the uniform temperature both axially and 

peripherally. Their results exhibited the expected high-pressure gradients and heat 

transfer coefficients in the entrance region, approaching asymptotically the fully 

developed values at large axial distance.

The transient convective heat transfer to a fluid flow within a pipe due to 

sudden change in the temperature o f the ambient medium outside the pipe was 

considered by Sucec [7]. He developed a solution by the Laplace transformation for 

the pipe wall temperature, surface heat flux, and fluid bulk mean temperature. He 

developed a criterion for the zero thermal capacity wall solution, which could be used 

with adequate accuracy.
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Unsteady conjugate heat transfer in laminar pipe flow, where the flow was 

both hydrodynamically and thermally fully developed was investigated by Olek et al 

[8]. They considered two cases: a prescribed constant wall temperature and a constant 

heat flux at the wall and they applied a non-standard method o f separation of 

variables, which treated the fluid and the solid as single region with certain 

discontinuities. They indicated that the degree of conjugation and viscous dissipation 

might have a great impact on the temperature distribution in the fluid.

The conjugate heat transfer in the entrance region of a circular pipe was analyzed 

by Yen and Lee [9]. They solved the Navier-Stokes and energy equations by the 

Galerkin finite element method for the pipe heated externally by a uniform heat flux. 

They found that the influence of solid wall heat conduction on the flow was 

significant.

Numerical simulation of transitional flow and heat transfer in a smooth pipe was 

considered by Huiren and Songling [10]. A low-Reynolds number k-s turbulence 

model was used to simulate the laminar, transitional and turbulent flow zones. They 

indicated that the flow and heat transfer were not affected by the inlet turbulence 

intensities in the fully developed region. The predicted relation between average 

Nusselt number and Reynolds number, which was in good agreement with the 

experimental data.
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A numerical study of fully developed laminar flow and heat transfer in 

a curved pipe with arbitrary curvature ratios was carried out by Yang and Chang [11]. 

They correlated the friction and Nusselt number ratios with the parameters of the 

curvature ratios, the Dean, and the Prandtl numbers.

The transient conjugate heat transfer in developing laminar pipe flow was 

investigated by Al-Nimr and Hader [12]. They applied the finite difference equations 

to solve the governing equations. They found that increasing the thermal conductivity 

ratio increased the wall heat flux, while increasing the diffusivity ratio increased the 

thermal entrance length o f the pipe. However, increasing the radius ratio reduced the 

thermal entrance length.

Laminar flow heat transfer in pipes including two-dimensional wall and fluid 

axial conduction was studied numerically by Bilir [13]. He considered the thick-wall 

and two regional pipe, which had constant outside surface temperature. His method 

exhibited a simple and fast tool to solve the complicated heating problem. He 

indicated that the Peclet number, thickness ratio and wall to fluid conductivity ratio 

were the important parameters on the resulting temperature profiles.
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The transient conjugate heat transfer in a thick-walled pipe with developing 

laminar flow was studied by Schutte et al [14]. By simultaneously solving for 

conduction in the pipe wall and for convection in the fluid stream, they analyzed the 

transient behavior of the flow and temperature fields. They considered two transient 

situations namely; the transient heat transfer in developing pipe flow, and heat transfer 

in simultaneous development flow in a pipe. They found that the ratio of wall 

thickness to inner diameter, Peclet number, ratio of wall to fluid thermal 

conductivities, significantly influenced the duration of the transient as well 

distribution o f Nusselt number, interfacial temperature, bulk temperature, and 

interfacial heat flux during the transient processes. The ratio o f wall to fluid thermal 

diffusivities had also an important effect.

Shome and Jensen carried a numerical analysis on thermally developing mixed 

flow and heat transfer with variable viscosity in an isothermally heated horizontal 

tube [15]. They performed parametric computations on the effects o f inlet Prandtl 

temperature, inlet Rayleih number, wall-to-inlet temperature difference and inlet axial 

velocity profile on the Nusselt numbers and apparent friction factors for both heating 

and cooling conditions. Their results indicated that the effect o f variable velocity is 

more pronounced on the friction factor than on Nusselt numbers. The effect of inlet 

Rayleih number and inlet velocity profile on the Nussselt number and friction factors 

is significant only in the near-inlet region. They noted that the correlation developed 

between the Nusselt number and the friction data had wider applicability than those 

available in the literature.
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Min et al [16] analyzed the thermally fully developed and thermally developing 

laminar flows o f a Bingham plastic in a circular pipe. He has obtained the solution to 

the Graetz problem by using the method o f separation o f variables and discussed the 

effects o f the Peclet number and Brinkman numbers on the Nusselt number.

Lin and Faghri [17] investigated the flow behavior and the related heta transfer 

characteristics o f stratified flow in  axially rotating heat pipes with cylindrical and 

stepped wall configurations. They developed theoretical and semi-empirical models 

for calculation o f the condensation and evaporation heat transfer coefficients. They 

found a good agreement between the predicted results and the experimental data.
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Turbulent Flow

Chien [18] introduced a low-Reynolds-number turbulence model to study the 

behavior o f the turbulent channel stress, the kinetic energy and its rate o f dissipation 

near a solid wall. He applied his model to the problem of a fully developed turbulent 

channel flow and the results compared well with the experimental data.

The vertical tube air flows in the turbulent mixed convection region was 

investigated by Cotton and Jackson [19]. They indicated that the prediction agreed 

with the experimental results provided that the major discrepancies were due to 

strongly buoyancy-influenced descending flow. They introduced an unsteady version 

of the k-s scheme when modeling the turbulence. They indicated that the accuracy of 

the model deteriorated with an increasing level o f unsteadiness. One important 

observation in their study was the occurrence o f very long thermal-hydraulic 

development lengths arising in the ascending flow configuration.

A  low Reynolds number k-s model was introduced to predict rough-wall 

boundary layers by Tarada [20]. He formulated and calibrated a complemetary 

roughness drag coefficient model that took into account the isolated, wake 

interference and skimming roughness flow regimes.
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The quasi-steady turbulence modeling of unsteady flows were studied by 

Mankbadi and Mobarak [21]. They introduced an unsteady version o f the k-e scheme 

when modeling the turbulence. They indicated that the accuracy o f the model 

deteriorated with an increasing level o f unsteadiness.

Velusamy et al [22] investigated the fully developed flow and heat transfer in 

semi-elliptical ducts using a control volume-based numerical scheme. They 

considered both an isothermal and a uniform axial heat flux condition on the duct 

walls and presented their numerical results for velocity and temperature profiles, 

friction factor, pressure defect, and Nusselt number for a wide range o f duct aspect 

ratios. They found that the ratio of Nusselt number to friction factor was higher for 

semi-elliptical ducts in comparison to that for other ducts, such as sinusoidal, circular 

segmental, and triangular ducts.

The pressure drop and heat transfer in turbulent flow and heat transfer in duct 

flows were investigated by Ghariban et al [23]. A two-parameter variational method, 

which used the Prandtl mixing length theory to describe turbulent shear stress, was 

introduced to determine pressure distribution and heat transfer. Their analysis leaded 

to the development o f a Green’s function, which was used for solving a variety of 

conjugate heat transfer problems.
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The friction and heat transfer characteristics o f turbulent flow in long circular 

pipe was investigated by Choi and Cho [24]. They introduced a new turbulent heat 

transfer correlation for the prediction of local Nusselt number. They found that when 

a large heat flux was applied at the wall, the viscosity o f water significantly decreased 

along the axial direction due to increasing temperature o f fluid. They also introduced 

the concept o f a “redeveloping region”, where the local heat transfer coefficient 

increased, while the local friction coefficient decreased due to the decrease of the 

viscosity in the axial direction.

An experimental study of turbulent flow in pipe contractions was carried out 

by Bullen et al [25]. The effect of variations in contraction sharpness was established. 

The inlet sharpness was found to have a significant effect on the flow. The paper 

provided a summary o f the pressure loss data and details o f the contraction flow fields 

in terms o f vena contracta size and position as well as detailed velocity profiles, 

derived enhancement factors and turbulence data for an incompressible flow.

Wosnik et al [26] proposed a theory for fully developed turbulent pipe flow. 

The theory extended from the classical analysis to include the effects of finite 

Reynolds number. Using the Reynolds-averaged Navier-Stokes equations, the proper 

scaling for flow at finite Reynolds number was developed from dimensional and 

physical considerations. An excellent description o f the mean velocity and skin 

friction data for wide ranges o f Reynolds numbers were.
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A comparison was made for twelve versions o f low Reynolds number k-s and 

two low Reynolds number stress models for heat transfer by Thaker and Joshi [27]. 

The comparison included the predictions of the mean axial temperature, the radial and 

axial turbulent heat fluxes, and the effect o f the Pradtl number on Nusselt number 

with experimental data. They showed that the k-e models performed relatively better 

than the Reynolds stress models for predicting the mean axial temperature and the 

Nusslet number. In  another study [28], they showed that the accurate predictions of 

turbulent energy dissipation rate in the thin layer near wall not only gave good energy 

balance, but also improved the predictions o f the turbulence quantities.
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Pulsating Flow

Siegel and Perlmutter [29] obtained heat-transfer solutions for pulsating 

laminar flow in ducts. The conditions of constant wall temperature ducts and a 

specified uniform heat flux transferred to the walls of the duct were considered. They 

showed that for high frequency oscillations, the effect of the velocity oscillations was 

not of practical significance and that the total heat transfer for laminar flow was not 

appreciably changed by the oscillations in the case o f a constant wall temperature.

The flow due to an oscillating piston in a circular tube was studied by Gerard 

and Hughes [30]. They measured the velocity of flow on the axis o f the circular tube 

over a range o f distances from a reciprocating piston in simple harmonic motion. 

They calculated the developing flow based on a comparison with steady laminar flow, 

which, in the entry region o f a circular tube, approached the fully developed state 

exponentially with the distance from the entry. A comparison was made between the 

experimental and the simple entrance flow theory results.

Calmen and Minton experimentally investigated the flow in an oscillating pipe 

[31]. They have measured the velocities o f the pulsating water flow in a rigid circular 

pipe using the hydrogen-bubble technique. It was found that the velocities in the 

oscillating boundary layers on the pipe wall to be close to those predicted by laminar 

flow theory, while at the higher Reynolds numbers the velocities near the center o f the 

pipe were lower than those predicted and more uniformly distributed.
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Faghri et al [32] studied the problem of heat transfer from a cylindrical pipe 

for a case where the flow inside the pipe consisted o f a periodic motion imposed on a 

fully developed steady laminar flow. They showed that the interaction between the 

velocity and temperature oscillation introduced an extra term in the energy equations, 

which reflected the effect of pulsations in producing high heat transfer rates.

The dynamic and thermal results for developing laminar pulsed flows in a duct 

were presented by Creff et al [33]. They used a finite difference model to carry on 

their investigations. The flow was described by imposing an unsteady pulsed flow on 

a steady incompressible one assuming a sinusoidal modulation for the pulsation and a 

uniform wall temperature. The study shows the existence o f four developing regions 

beyond the entry of the duct.

The enhanced heat transfer via sinusoidal oscillating flow through circular 

tubes was investigated by Kurzweg [34], A calculation for the effective thermal 

diffusivity was made and used to determine the enhanced conduction heat transfer. He 

indicated that the enhanced heat transfer produced by the oscillations was proportional 

to the square of the oscillation amplitude and a function of the Prandtl number, 

frequency and tube radius.
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The laminar forced convection inside ducts with periodic variation of inlet 

temperature was examined by Cotta and Ozisik [35]. They used the generalized 

integral transform technique to reduce the original problem to a system of linear first 

order differential equations. They determined the amplitude and phase lag of 

temperature oscillation with respect to the inlet condition in terms of fluid bulk 

temperature and wall heat flux.

Siegel [36] studied the influence o f oscillation-induced diffusion on heat 

transfer in a uniformly heated channel. He assumed that the channel was so long 

enough so that the thermal entrance effects could be neglected. He showed that for 

forced convection in slow laminar flow in a channel with uniform heat addition, the 

effect o f flow oscillations was to reduce the channel heat transfer coefficient.

The case of ducts with periodically varying inlet temperature was investigated 

by Cotta et al [37]. The transient forced convection for slug flow inside circular ducts 

including conjugation to the walls was solved analytically. They solved the complex 

eigenvalue problem by using the advanced Count method and presented the amplitude 

o f the phase lag oscillations with respect to the conditions at the inlet determined for 

the wall temperature, fluid bulk temperature and heat flux.

The heat transfer in laminar oscillating flow in cylindrical and conical tubes 

was examined by Peattie and Budwig [38]. They showed that the convective transport 

increased with frequency at constant amplitude.
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Numerical solutions for flow and heat transfer characteristics were presented 

for pulsating flow in pipes in [39]. Complete time-dependent laminar boundary layers 

were solved for a wide range of parameter spaces, frequency o f pulsation and 

amplitude o f oscillation. It was also demonstrated that the Nusselt number increased 

with increasing amplitude and frequency of oscillation and that the skin friction was 

generally greater than that o f a steady flow. The heat transfer characteristics were 

qualitatively consistent with previous theoretical predictions.

A study investigating the case o f a duct with a periodically varying inlet 

temperature was carried out by Li and Kakac [40]. A uniform heat flux and/or 

external convection with or without wall thermal capacitance effects were considered 

in the study. They extended the generalized integral transform technique to obtain 

analytical expressions for these problems. They discussed the effects o f the Biot 

number, fluid-to-wall thermal capacitance ratio and dimensionless inlet frequency of 

inlet heat input oscillations. It was shown that the effect of external convection, Biot 

number on the temperature responses along the duct was only important in the case of 

certain fluid-to-wall thermal capacitance ratio.

Laminar and turbulent oscillating flow in circular pipes was investigated by 

Ahn and Ibrahim [41]. A high Reynolds number k-e turbulence model was used to 

account for the turbulence in the pipe. They indicated that the standard k-s turbulence 

model could not adequately predict the oscillating flow properties in a transition flow 

regime.
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The heat transfer in the thermally developing region of a pulsating channel 

flow was discussed by Kim et al [42], They solved the Navier-Stokes equations 

numerically to simulate a flow with certain Prandtl and Reynolds numbers. Using 

Fourier-series representations for the numerical results, detailed analyses on local 

behavior o f the heat transfer were made. Their results indicated that, due to pulsation, 

both heat transfer enhancement and reduction could be expected in various axial 

locations o f the channel.

Valueva, E.P et al [43] solved numerically the problem of heat transfer under 

hydrodynamically stabilized laminar pulsating flow of a liquid in a round tube 

assuming constant wall temperature and fluid properties for a wide range of operating 

conditions. They found that the heat flow rate oscillated relative to the steady state 

with amplitude that decreased downstream.

A moving mesh to compute hydrodynamic forces and coefficients of damping 

acting on oscillating bodies was described by Brunet and Lise [44]. The flows were 

computed by the integration of the Navier-Stokes equations obtained from a k-s 

turbulence model. Their model results proved credible when compared with 

experimental results.
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Numerical and experimental analysis o f unsteady heat transfer with periodic 

variation o f inlet temperature in circular ducts was carried out by Brown et al [45]. 

They indicated that the variations in the periods and amplitudes o f the thermal 

oscillations were observed to be a function of system variables only, and the 

predictions agreed well with the experimental results.

Inaba [46] investigated the effect o f a thermally permeable wall on the 

enhanced logitudinal heat transfer by fluid pulsation in a pipe. He presented an 

analytical solution for the case when heat loss through the wall over a cycle of fluid 

pulsation was uniform along the pipe. He concluded that the rate o f longitudinal heat 

transfer decreased linearly toward the lower temperature end of the temperature.

Bauwens, L [47] considered the case o f oscillating flow o f a heat-conducting 

fluid in a narrow tube. He assumed that the temperature differences between the two 

ends were assumed to have arbitrary magnitude and heat transfer in the transverse 

direction within the fluid to be very effective and the thermal effect o f the wall was 

large. He showed from the results obtained for tubes open at both ends that when 

velocities at both ends are in opposite phases, internal singularities in the temperature 

profiles might occur and in the case, where of one end closed, a singularity occurred 

at the closed end.
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A numerical study on the interaction o f a steady approach flow and the forced 

transverse oscillation o f a circular cylinder was presented by Zhang, et al [48]. A 

semi-implicit finite difference scheme was used to solve the Navier-Stokes equations 

based on a two-dimensional stream-function/vorticity formulation. The finite 

difference calculations agreed well with the experimental results.

The Nusselt number in pulsating pipe flow, for an unsteady, laminar as well as 

fully developed flow was investigated by Guo and Sung [49]. They tested many 

versions o f the Nusselt numbers to clarify the conflicting results in the heat transfer 

characteristics for a pipe flow.

The pulsating flow and heat transfer characteristics in a circular pipe partially 

filled with a porous medium were studied numerically by Guo et al [50]. They 

examined the enhanced longitudinal heat conduction due to pulsating flow and the 

enhanced convective heat transfer from high conducting porous material. The 

maximum effective thermal diffusivity was found at a critical thickness o f porous 

layer.

Heat transfer in a tube with pulsating flow and constant heat flux was 

investigated analytically by Moschandreou and Zamir [51]. They indicated that in a 

range o f moderate values o f the frequency, there was a periodic peak in the effect of 

pulsations whereby the bulk temperature o f the fluid and the Nusselt number were 

increased. However, the effect was reversed when the frequency was outside of this 

range.
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The Richardson’s “annual effect” in oscillating laminar duct flows was 

investigated by Yakhot et al [52]. They concluded that the Richardon’s annual effect* 

which was found in high frequency oscillating flows in pipes, also took place for 

oscillating flows in ducts o f arbitrary cross sectional shapes.

Habib et al [53] investigated experimentally the heat transfer characteristics of 

a pulsating turbulent pipe flow under different conditions o f pulsation frequency, 

amplitude and Reynolds number. A uniform heat flux was applied to the pipe wall. 

They showed that a reduction o f heat transfer coefficient was observed at higher 

frequencies and the effect o f pulsation was found to be significant at high Reynolds 

number.
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Thermal stresses in Pipes

A study about the stress distribution in a metal tube, which was subject to a 

very high radial temperature variation and pressure, was presented by [54]. From 

experimental data, the radial temperature distribution across the tube wall and the 

variations o f the modulus of elasticity, and the coefficient of thermal expansion were 

obtained and taken into account in calculations. The corresponding solutions were 

obtained by the method o f variation of parameters and in terms o f Kummer series. 

Examples for the stress solutions were given.

Sinha [55] applied the finite element method to analyze the thermal stresses 

and temperature distributions in a hollow thick cylinder subjected to a steady-state 

heat load in the radial direction. He studied three test models o f a cylinder with 

different geometric configurations, elastic properties, and temperature gradients 

assuming a logarithmic temperature field over the thickness o f the cylinder. The finite 

element method results and the analytical results were agreed well.

Stresses in hollow orthotropic elastic cylinders due to steady-state plane 

temperature distribution were analyzed by Kalam and Tauchert [56] for traction free 

boundary conditions. They obtained analytical solution for the stress field using a 

Fourier-series form.
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A thermal-stress analysis of hollow cylinder with temperature-dependent 

thermal conductivity was investigated by Stasyuk et al [57]. Assuming a heat flux on 

the outside wall o f the cylinder, the temperature distribution was obtained. Formulas 

for the radial and tangential stresses were derived.

The effect of induction heating stress remedies on existing flaws in pipes was 

investigated by Shadley et al [58]. They indicated that the smaller diameter pipes were 

subjected to higher thermal stresses.

Naga [59] presented a stress analysis and optimization of both thick walled 

impermeable and permeable cylinders under the combined effect o f temperature and 

pressure gradients. He concluded that in thick walled solid and porous cylinder 

operating under high pressure and applications, the stress distribution could be 

optimized by just introducing a heat source in the cylinder in such away to satisfy 

certain optimization criteria.

Tamma and Railkar [60] introduced a new unified computational approach for 

applicability to nonlinear/linear thermal-structural problems. The approach was 

demonstrated for thermal stress and thermal-structural dynamic applications. By 

combining the modeling versatility o f contemporary finite element schemes in 

conjunction with transform techniques and the classical Bubnov-Galerkin schemes, 

their proposed transfinite element approach provided a viable hybrid computational 

methodology.
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The relationship between material properties and structural ratcheting for thin 

cylindrical shells subjected to severe thermal loading was discussed by Kardeniz et al 

[61]. The finite element technique was used to find the solution. They showed that for 

tubes subjected to moving temperature fields, ratcheting could occur even when no 

mechanical loads were applied and that stationary thermal cycling was less likely to 

produce ratcheting.

Kardomateas [62] studied the initial phase o f transient thermal stresses due to 

general boundary thermal loads on orthotropic hollow cylinders. He used the Hankel 

asymptotic expansions for the Bessel functions o f the first and second kinds and 

illustrated the variation o f stresses with time and through the thickness in the initial 

transient phase under the condition of constant applied temperature at outer surface.

The dynamic thermal stresses in composite hollow cylinders and spheres 

caused by sudden heating were investigated by Sumi and Ito [63]. They introduced a 

numerical method to determine transient uncoupled dynamic thermal stresses. They 

demonstrated the existing discontinuities in stress and velocity fields due to the 

sudden heating on the inner boundary o f the cylinders.
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Kurashige [64] studied the thermal stresses in a fluid-saturated Poroelastic 

hollow cylinder. He used the thermoporoelastic theory developed by him to analyze 

the thermal stresses, which were induced in a fluid-saturated porous hollow cylinder, 

subjected to a sudden increase in temperature and pressure on its inner surface. The 

coupled diffusion equations for heat and fluid flows were solved by the Crank- 

Nicolson implicit method. The influence of heat transportation, by fluid flow through 

pores on the temperature and thermal stress distributions was found to be significant 

in the case where the fluid diffusivity was much larger than the thermal diffusivity, 

which in turn suggested the possible control of thermal stresses by active fluid 

injection.

The steady thermal stresses in a hollow circular cylinder and a hollow sphere 

made of functionally gradient material were investigated by Obata and Noda [65]. 

They discussed the influence of inside radius size on stresses and the temperature 

regions. They also investigated the effect o f the composition on stresses as well as the 

design of optimum fuctionally gradient material hollow circular cylinder and hollow 

sphere.

The thermal stresses produced by a thermal gradient in the wall o f a partially 

filled horizontal cylindrical vessel were investigated by Russo et al [66]. They 

considered three types o f thermal gradients, namely the discontinuous temperature 

change, the hyperbolic temperature change and the linear temperature change at the 

liquid level.
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Kaizu et al [67] used the finite difference method to analyze the two- 

dimensional dynamic thermal stresses in semi-infinite circular cylinder. The method 

employed the integration o f differential equations along the bi-characteristics. By this, 

they investigated the propagation, reflection, and interaction o f the stress waves in a 

body.

Transient thermal stresses in hollow cylinders were studied by Russo et al 

[68]. They nine types of boundary conditions were introduced. They have showed that 

the transient stresses might be momentary and rapidly decay as the temperature 

spreaded inward and contraction or expansion o f the outer layer o f the cylinder was 

permitted. They showed that the transient stresses could be sufficient to produce a 

permanent set in the material, which in turn caused residual stresses to be present.

Zhdanov et al [69] studied the thermoelastic stresses in ribbons and tubes 

grown from the melt using the Stepanov method. They calculated the dependence of 

thermoelastic stresses in ribbons and tubes on different parameters, such as the wall 

thickness and the tube diameter. They concluded that the normal stress in the ribbons 

was maximum at the center on the interface boundary and that an increase in the heat 

transfer from the tube surface caused an increase in the maximum circular and 

tangential stresses.
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The transient thermal stress analysis o f thick-walled cylinders was studied by 

Kandil et al [70]. They concluded that the maximum effective stress occurred at the 

inside surface o f the cylinder, and its peak value took place at the start o f the 

operating temperature. Furthermore, they suggested that the inner surface should be 

heated gradually up to the operating temperature, which in turn resulted in reduced 

effective stress on the cylinder.

Thermal stresses in a cylinder with longitudinal circular cylinder cutouts were 

studied by Naghdi [71]. He used a special class o f basis functions o f Laplace and 

biharmonic equations when solving a steady-state thermal stress distribution in a long 

cylinder with N equally spaced longitudinal circular cylindrical cavities. He 

considered the case where the inner and outer walls o f the cylinder were kept at 

constant temperatures and the case of a constant temperature applied at the inner wall 

and convection applied at the outer wall.

The analysis o f thick-walled cylindrical pressure vessels under the effect of 

cyclic internal pressure and cyclic temperature was carried out by Kandil [72]. Using 

the finite difference technique, he obtained the time-dependent stress distribution in 

the wall o f cylinder. The influence o f the mean pressure, mean temperature, pressure 

and temperature amplitudes, diameter ratio on the effective stresses were included in 

the study. An approximate expression for the relation between the working parameters 

was introduced. He demonstrated that the result of the approximate solution was 

found to fit well with the numerical findings.
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Tanaka et al [73] formulated a method o f macroscopic material tailoring in order 

to reduce the thermal stresses induced in the functionally gradient materials. This was 

done with the help of the direct sensitivity analysis and the multiobjective 

optimization technique associated with the heat conduction/thermal stress analysis by 

means of incremental finite element method. They tailored successfully a hollow 

cylinder in a ceramic-metal functionally gradient material when was subjected to 

asymmetric thermal boundary/initial conditions.

Two methods for solving the transient inverse heat conduction problems in 

complex shaped elements were presented by Taler et al [74]. They used the finite 

element method for finding the thermal stresses. When applied to practical problems, 

their methods showed high accuracy.

Random thermal boundary conditions applied to steam generator tubes and 

general applications were simulated by Klevtsov and Crane [75]. The transient heat 

transfer rates and the wall stresses were determined due to pressure and temperature 

oscillations. They analyzed statistically the resultant wall temperature and stress 

oscillation data to provide the effective parameters used to estimate the metal fatigue.
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Praveen et al [76] studied the pseudodynamic thermoelastic response of 

functionally graded ceramic-metal cylinder. They used a finite element formulation of 

a 1-dimensional axisymmetric heat transfer equation and the thermoelastic radial 

boundary value problem. The nonlinearity due to temperature dependence of the 

material properties of the constituent ceramic and metal was considered. Their 

analysis provided information about the thermoelastic response o f cylinders for 

different proportions of the ceramic and metal.

An analytical method o f calculating thermal stress distributions in cylindrical 

vessels, which were nonuniformly heated on their circumference, was presented by 

Taler et al [77]. The finite element method was used to compute the thermal stresses 

based on the temperature measurements. Comparison o f the thermal distributions 

from the analytical method and the finite element method demonstrated the accuracy 

of the new analytical method.

Beraun et al [78] studied the thermally induced elastic fracture around a 

localized energy source on a pressurized cylindrical vessel. Analytical solutions for 

the identification o f the dominating parameters in thermal cracking were obtained. 

The transition between the thermally and the mechanically driven fracture patterns 

were determined in the study.
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The nonlinear conduction-conveetion-radiation heat transfer equation was 

solved by the hyprid method, which combined the Taylor transformation and the finite 

difference approximation, to find the transient temperature distribution in isotropic 

annular fins by Yu and Chen [79]. The thermal stresses were integrated to find the 

temperature field. The model predicted quite accurately the dynamic performance of 

an annular fin in a transient state.

Reinhardt et al [80] modeled the perforated region of a tubesheet undergoing 

rapid transient thermal loading using a solid with equivalent elastic-plastic properties. 

They used an anisotropic Hill-type plasticity model. The result of a transient thermal 

and elastic-plastic structural analysis of a heat was presented.

Closed-form integrals for creep deflection of pipe spans were derived by Becht 

IV and Chen [81]. The integrals were based on steady-state creep law. The solutions 

provided insight into the problem of establishing span limits for elevated temperature 

pipes.

The thermal ratcheting due to traveling temperature distribution in a hollow 

cylinder was presented by Igari et al [82]. An evaluation for a proposed mechanism 

for ratcheting was evaluated. The model based on the hoop-membrane stress due to 

the axial temperature distribution, and considered the influence of axial bending stress 

and traveling distance of temperature distribution. The results were obtained 

numerically by using the finite element method.
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C H A P T E R  3

MATHEMAYICAL MODELLING, NUMERICAL SOLUTION 

AND RESULTS VALIDATION

3.1 Introduction

In this chapter, the mathematical models for the three types of flow employed 

in the study and the governing thermal stress formulae are introduced. The numerical 

solutions used to solve the three models are also presented. In addition, the result 

validations with previous studies are included.

3.2 Mathematical Modeling

In this section, the mathematical models of the three types of flow employed 

in the study and the thermal stress formulae will be presented. The pipe flow and 

conjugate heating is shown schematically in figure (3.1.1). The flow field is assumed 

to be axisymmetric and uniform heat source is applied externally along the pipe 

length. It is also assumed that the flow has constant properties, i.e. independent of 

temperature and pressure.

*------------------------  L ------------------------ *
q

Figure 3.1.1 Schematic diagram of the pipe and coordinates 
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The relevant boundary conditions for the conservative equations of flow and 

solid are:

1. At pipe axis:

Radial gradient of axial velocity and temperature are set to zero, while the radial 

velocity is taken as zero, i.e.:

— (x,0) = 0 , —  (x,0) = 0 and v(x,0) = 0 (3.2.1)dr dr

2. At inner solid wall (r = rj, where r; is pipe inner radius):

No-slip conditions are considered, i.e.:

u(x,rj) = 0 and v(x,rj) = 0 (3.2.2)

3. At pipe outlet:

All the gradients of the variables were set to zero, i.e.:

Ü “  = 0 (3-2-3>dr|

, where <|> is the fluid property and r| is the arbitrary direction.

4. At outer surface of the pipe (r = r0, where r0 is pipe outer radius):

Uniform heat flux is assumed, i.e.:

3.2.1 Boundary Conditions

r =ra and 0 <x<L  (3.2.4)
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5. A t solid-fluid interface, i.e.:

r = r .  an d  0 ^ x < L

=k
ax

solid
solid _
dr = k

ST,
fluid

fluid
dr

and

T  = T1 solid fluid

6. At pipe inlet:

The flow is assumed to be at uniform temperature, i.e.:

^ ( 0 ,r , t )  = 0 or

The type of flow is specified based on the considerations made:

a. Fully developed laminar flow:

A unidirectional fully developed laminar flow is assumed. The local 

described by the formula:

(  rMu=2umean l - - j
v W

b. Turbulent flow:

A unidirectional flow with uniform inlet speed is assumed.
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velocity is
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c. Pulsating flow:

The flow inlet to the to the pipe is considered as pulsating at a constant frequency and 

amplitude. A unidirectional flow with pressure pulsation is assumed, i.e.:

p(0,r,t) = Asin(nt) (3.2.9)

, where n is the pulsating frequency.

3.2.2 Governing Thermal Stresses Formulae

In the solid, the governing heat conduction equation for the steady-state cases 

(applicable for fully developed laminar and turbulent flow situations) is:

1 d_ 
r dr

8T 
r —

V d r )
cTT
ôx2

= 0 (3.2.10)

and for the transient case (pulsating flow):

3T
~dt = 1

\_d_
i d t

ÔT 
v dr j

+ ■
d2J
ax2

(3.2.11)

The relation between thermal stress and strain follows the thermoelasticity 

formulae [72], i.e.:

se = — [dr -  v(ao + a*)] -I- aT  
E

(3.2.12)

£ \= — [ax -  v(ae + a r)] + aT  
E

(3.2.13)

^  [cx -  v (ae  +  cjr)] +  a T (3 .2 .14)
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Solving the above equations for a hollow  cylinder results in  [83]:

<3o =
E a  r r 2 +  li* r<

5 - v V  1k r -'EI ' | , -r d r “ / T r d r ' I r r |

®  =  7 r ^ r t 4 - S í - J T j d r -  {T.rdr] 
(1 - vjr ru -  r¡ ■ -r, r¡

E a  r 2 A ,P1

a,=T7
The effective stress according to Von-Mises theory [84] is:

(Jv = I Oo1 + Or + CTx — ((JOOV + CToCJx + CJrOx ) J

3.2.3 Fully Developed Laminar Flow

The governing flow equations can be written as follows:

1) The continuity equation:

3u + lçKrv) = 0
dx  r  dr

2) The axial momentum equation in the x-direction

au au dp i d i  au ^u ------1- v —  = -----— + ------ ru. —
dx  a r dx  r ar l d r/
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(3.2.16)

(3.2.17)

(3 .2.18)

(3.2.19)

(3.2.20)



3) The energy equation

\_d_ 
r dr

d_
dx

1 d
r dr dr

(3.2.21)

3.2.4 Turbulent Flow

The mean flow equations are simplified after the consideration of Boussinesq 

approximations [85]. In cylindrical polar coordinates the conservation equations are 

written.

Continuity:

du I d
—  + ----- (vr) = 0
dx r dr

(3.2.22)

Momentum:

1 5 /  \ d . 2x dp 1 5(rvup)+ — (pu ) = - - ^  + - — 
r dr dx dx r dr rCn + M't)

da
dr

(3.2.23)

Energy:

1 d ( x d 1 d
~ - r  (rvTp) + —  (puT) = - —  
r dr dx  r dr

r(iL  + i L ) ^ I
Pr Pr. 3r

(3.2.24)

, where Pr and Prt are bulk and turbulent Prandtl numbers respectively. In order to

determine the turbulent viscosity and the Prandtl number, the k-e model is used. The

constitutive equations for the turbulent viscosity are as follows:

= CMCd
p k 2

(3 .2 .25 )
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, where k and 8 are the turbulent kinetic energy generation and the dissipation variable 

respectively. The transport equation for k is:

1 ô / i x d du 2 1 d
~  (rvkp) +  —  (puk) =  M-t (— ) + -  —  
r  or ox or r  dr

-p (s  +  D .)  (3.2.26)

, where

D , = 2 ( n / p ) A !
oy

(3.2.27)

s attains zero at y = 0.

The transport equation for s is:

1 9 /  \ d e ,du 2 1 d
-  —  (rv sp) +  —  (PUE) =  CB l- H t (— ) + -  —  
r  o r 5x  k  or r or

, (J-, N de
r(fx + ^ - )  —

P r t dr

b2
pe2 | 2 m i t

dr
(3.2.28)

In order to minimize computer storage and run times, the dependent variables 

at the walls were linked to those at the first grid from the wall by equations, which are 

consistent with the logarithmic law of the wall. Consequently, the resultant velocity 

parallel to the wall in question and at a distance yi (where y+ < 2) from it 

corresponding to the first grid node was assumed to be represented by the law of the 

wall equations [85], i.e.:

V„CjC k = l ln[e( ) l>2k l/iy  P j  (3 22 9 )

”̂wall P K H

, where

k  = 0.417 and e = 9.37
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, from which the wall shear stresses were obtained by solving the momentum 

equations.

The constants used in the transport equations are:

c  ̂ = 0.5478 ;cd =0.1643 ;c8l =1.44 ;cb2 =1.92

Ret = - 4 V  ;Prk =1.0 ;PrB =1.314 (3.2.30)
Oi/p)e

In order to be consistent with the conditions for the previous findings, 

turbulent Prandtl number (Prt) was changed as indicated in figure (3.2.1).

0.3

Ü.25
53

0.2
Ph

0.15
PL,
pi n 1
■3
ÜH 0.05

0
0 10 20 30 40 50 60 70 80 90 100

Laminar Prandtl number (Pr)

Figure 3.2.1 The turbulent Prandtl numbers for various Reynolds numbers at different

Laminar Prandtl numbers [86].
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The equations governing the flow and heat transfer can be written as follows. 

The continuity equation:

3.2.5 Pulsating Flow

du | 1 d (rv ) = Q 

5x r  dr

The momentum equation:

(3.2.31)

<5u du 5u 
—  + u —  + v —  
dt dx. dr

The energy equation:

1 dp 1 d (
------ — + -----rv—

p 5x r  dr I, d r ,
(3.2.32)

(pcpvT ) + (pcpuT) = kf
dt r dr dx

a 2t  i a (  aTN
-----T  -̂------- ^--------dx~ r ar I ar

+ (aO (3.2.33)

, where

0  = 2
f  d v ' 2 1 2I___ \Ti 1

\

_L "au d\~

U r , r 2 Kdz ) .d r  dz_
(3.2.34)
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3.3 Numerical Solution and Results Validation

The thermal stresses (equations (3.2.15)-(3.2.18)) due to the pipe heating are 

computed numerically after obtaining the temperature distribution in the pipe wall.

Generally, the numerical method used to determine a numerical solution to a 

set of differential equations has the following steps:

1. Discretization of the differential equations into algebric equations using

approximations for the differential operators.

2. Solution of the algebric equations by direct or iterative methods.

Numerical methods differ from each other in the method of approximation 

introduced for the discretization of the differential equations. The second step i.e. 

solution to the resulting algebraic equations is general for all the numerical methods. 

In this study, the Finite Volume Method is employed to discretize the calculation 

domain by dividing it into a number of non-overlapping control volumes such that 

there is one control volume surrounding each grid point. The differential equation is 

integrated over the control volume. Piecewise profiles expressing the variation of 

variable <j) for a group of grid points. The discretization equation obtained in this 

manner expresses the conservation principle for the finite control volume such as the 

differential equation expresses it for the infinitesimal control volume.

In vector notation, the general transport equation for steady state situation is 

given by

V.(pU<,) = V.(r,V+)+S (3.3.1)

This equation is integrated over the finite control volume around the node P, 

shown in figure 3.3.1.

43



NW NE

W
w

# E Atj

SW SE

Figure 3.3.1 A finite control volume

We have

1“ £[V.(pUi|i))bidÇ =  (  J V f o v ^ d i ;  +  f  £sdr)d4 (3.3.2)

or

(  * r ^ '
p“ "

AÇ + p u ,+ -r  Iati
L\

= S. A^All (3.3.3)

, where û  and un are the compnents of the velocity vector U in the orthogonal 

coordinate directions Ç and r| respectively and S# js the average value of S over the 

finite control volume.
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The total flux across the face of the finite control volume is represented by J for 

convenience. For the east face

J. = -
r

e _

Ar| (3.3.4)

It is clear that total flux is composed of a convective flux and a diffusive flux. 

We represent them by Cc and Dc respectively.

Cc = pû <j>eAr| (3.3.5)

and

v (3.3.6)

To get the linear algebric equations, the source term is appropriately 

linearized.

S* = s0+s p<i>p (3 .3 .7 )

Hence we have

(3.3.8)

To make further progress we need to make profile assumptions about the

variation o f  <|) w ithin the finite control volume. For the diffusion flux a linear profile

can be assumed. This results in the central discretization

Dc =
(

= n
*4

(3.3.9)
PE
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Central discretization is usually not appropriate for the convective flux and 

may be in non-physical oscillations in the solution. To make the discretization 

compatible with physical reality a hyprid scheme is used. Depending on the Cell 

Peclet number it uses either an upwind or central discretization for the convective flux 

Ce, Cell Peclet number is defined as

p  _ (put A^pe )

1 *

Using Hybrid Scheme

Ce = pu4 +<̂  if -  2 < Pe < 2  (3.3.11)

if Pc > 2  (3.3.12)

Ce = p u ^ pA4 if Pc < 2 (3.3.13)

Similar expressions are obtained at other faces of the finite control volume.

Substituting these expressions in equation 3.3.8, we get

(A p - S p j ^ p  =  A n ^ n  +  As<t)s +  Ac<t>c -+-A W<J)W +S 0 (3.3.14)

where

(3.3.10)

— Pu^)w 
A^wp

A n = - jE— pu,,),
AtIpn

(3.3.15)

(3.3.16)

(3.3.17)
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- P u n)s (3.3.18)
A'Hsp

AP = A e + A w+ A n+ A s (3.3.19)

Here u )̂e represents velocity at east cell face. In this connection it should be 

clear that this velocity is not as interpolated one, but it is indeed calculated at cell 

faces in contrast to other variables whose values are calculated at the center of the 

cells, therefore, at faces the values can be obtained through interpolation. This 

arrangement is highly beneficial to avoid non-physical oscillatory solution for the 

pressure field and to increase the accuracy.

For an imcompressible flow, no explicit equation is given for the pressure. 

Also, the resulting velocity field obtained from the solution of the momentum 

equations will not satisfy the continuity equation. PHOENICS uses the SIMPLE 

(Semi-Implicit Method for Pressure Linked Equations) algorithm to handle the 

pressure linkage through the continuity equation .The details of the algorithm, which 

is basically an iterative process are given in [87].

Let a tentatively calculated velocity field based on a guessed pressure files p* 

is denoted by u‘ , u* and let the correct pressure p be obtained from

P = P +P (3.3.20)

The corresponding correction in velocities u'̂ , u‘ can be introduced in a similar 

manner

(3.3.21)

(3.3.22)
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Making certain assumptions, the velocity correction formula for east face of 

the grid element, for example is given by

(3.3.23)

Now, discretizing the continuity equation and using the velocity correction 

formulas, one can obtain the equation for pressure correction

(AP -  Sp)pP = A np„ + A sPs + A ePe + A wpw + S0 (3.3.24)

Thus we have obtained an equation for pressure correction or in turn for 

pressure. The important steps to compute the flow properties are as follows:

1. Guess the pressure field p*.

* '
2. Solve the momentum equations to obtain and .

3. Solve the pressure correction equation.

4. Calculate p by solving p and p*.

5. Solve equations for other variables § (e.g. turbulence kinetic energy), if 

they have a coupling with momentum equations.

6. Treat the correct pressure as a new guessed pressure p*. Return to step 2 

and repeat the whole procedure until a converged solution is obtained.

The discretization procedure to the heat conduction equation leads to algebraic 

equations of the form similar to flow equations with temperature T replacing the 

general variable. No special calculation procedure is required to solve this equation 

since the energy equation is a stand alone independent equation.

(p p  +  P e  )

48



The computer package called PHEONICS is employed to determine the flow 

and temperature fields in the pipe while a computer code is developed in FORTRAN 

language for stress calculations. The temperature field obtained from the pre­

processor (PHEONICS code) is feed into the stress code for post-processing. The flow 

chart associated with the calculations is flow chart below.

PHEONICS Output Post-processor Developed Results - Figures

The fluid and solid fields are meshed with rectangular grids generated as 

shown in figure (3.3.2) provided that the grid independent tests are carried out to 

ensure grid independent solutions.

Figure 3.3.2 Meshes used in the study

In this study, the interior wall temperature at a given axial plane is calculated 

using the following formula:

T . = 2xT W xT -  (3.3.1)
Tfvv + Tsw

The details of results validation for the three flow types in the study are 

provided in the following sub-headings.
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3.3.1 Fully Developed Laminar Flow

To validate the fully developed laminar flow predictions, the study carried out 

previously [5] is considered. The conditions for the previous study are employed at 

present and these are as follows: A Peclet number equal to 500, dimensionless

thickness equal to 0.1, a solid to fluid thermal conductivity ratio equal to 500 and a
• 2 • • dimensionless length equal to 2x10' are considered due to the previous study for

comparison. The definitions of the parameters and the dimensionless temperature and

distance can be found in the previous study. Figure (3.3.3) shows the dimensionless

wall temperature (0W) predicted from the present study and obtained from the previous

study [5] with the dimensionless axial distance (x*). It can be observed that both

results appear to be very close to each other. The small discrepancies in the results

may be due the fact that in the reference study a finite element method was used to

predict the temperature field while in the present study a control volume approach is

used. Nevertheless, the discrepancies appear to negligibly small.

as  

0.5

0.3 

0.2
aoooi aooi aoi a i

*
X

Figure 3.3.3 Axial distribution o f  the dimensionless temperature distribution
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3.3.2 Turbulent Flow

A radial step length of approximately two viscous sub-layer thickness (y+ = 5), 

where y = y[(xw/p) /((i/p)] is employed. In the axial and radial directions, the grid 

contains 64x300 nodes in the fluid region and 64x100 nodes in the solid region, 

employed to obtain the grid independent solution. The grid nodes are distributed to 

give a high concentration lines near the wall provided that the wall adjacent nodes are 

positioned at y+ « 5. The grid independency tests were carried out by using the 

different grid nodes and the grid distribution tests were also conducted and based on 

the findings, the grids giving optimum solution is ensured as consistent with the early 

work [23,86],

The K-e model was used to account for the turbulence. The predictions of the 

Nusselt number variation with Reynolds number are compared with their counterparts 

obtained from the literarture [86], The Nusselt number (Nu) predicted from the 

present study and the results of the previous study [86] are shown with Reynolds 

number in table (3.3.1) and plotted in figure (3.3.4). It can be observed from the table 

and curves in the figure that the present predictions for Nu agree well with the 

previous results. However, small discrepancies are observed between both results at 

high Reynolds numbers. This may be due to slightly over predicting the turbulent 

kinetic energy generation at high Reynolds number by the turbulent model (k-s 

model) introduced in the present study. However, this difference is small.
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Laminar
Reynolds
Number

(Re)

Laminar
Prandtl
Number

(Pr)

Turbulent 
Prandtl Numbers

Nusselt 
Number (Nu)

Abs.
%
Diff.Prt(k) Prt(e) Reference

No.
(86)

Present
Study

10000 3 0.15 0.15 53.82 51 5.3
10000 10 0.08 0.08 86.45 88 1.8
10000 30 0.035 0.035 128.74 130 1

CO 10000 100 0.013 0.013 195.53 191 2.3
cdo 30000 3 0.22 0.22 146.1 144 1.4
a
.2 30000 10 0.085 0.085 242.16 237 2.1

3 30000 30 0.036 0.036 366.12 388 5.6
cS
> 30000 100 0.0126 0.0126 560.62 543 3.1
cd 50000 3 0.30 0.30 238.4 239.6 0.5

50000 10 0.09 0.09 397.8 401 0.8
50000 30 0.0375 0.0375 603.5 644 6.7
50000 100 0.012 0.012 925.7 946.5 2.2
10000 7.0 (Water) 0.097 0.097 80 77.5 3.1

T3
3 10000 64.4 (Coolanol-25) 0.02 0.02 175 175 0

g 30000 7.0 (Water) 0.117 0.117 215 206 4.3
cn <D 30000 64.4 (Coolanol-25) 0.019 0.019 470 485 3.2
P* 50000 7.0 (Water) 0.128 0.128 338 341 0.9

50000 64.4 (Coolanol-25) 0.018 0.018 770 754 2

Table 3.3.1. The turbulent Prandtl numbers and the resulting Nusselt numbers for the
validation and the present study cases.
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Figure 3.3.4 The Nusselt numbers for various Reynolds and Prandtl numbers from the 

present and previous studies



3.3.3 Pulsating Flow

To validate the present predictions, a case study introduced in the previous 

study [88] is simulated. Figure (3.3.5) shows the amplitude of the axial velocity 

oscillation with time predicted from the present study and obtained in the previous 

study [88], The equation for the axial velocity and the simulation conditions are:

u(r,t) = — 
n

sin(nt) - 7 exp(- ^ 7 (ri - r))sin nt
2vr  (ri -  r) (3.3.2)

and

= —  = -pK cos(nt) 
AL Sx

(3.3.3)

, where K = 0.08015, Ap/AL=80 Pa/m and n=1.256 Hz. It can be observed that both 

results are in good agreement. Small discrepancies in extreme points of the velocity 

profiles are observed. However, these discrepancies are on the order of 2 % of the 

maximum velocity, i.e. they are negligibly small.
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H iiie(s)

3.3.5.a Oscillating pressure difference per unit length between the inlet and outlet of

the pipe

UneCs)

3.3.5.b Resulting axial velocity in the pipe due to the oscillating pressure difference

input

Figure 3.3.5 The oscillating pressure difference input and the resulting output axial

velocity.
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C H A P T E R  4

RESULTS AND DISCUSSIONS

4.1 Introduction

The results of this study about thermal stresses in thick-walled pipes subjected 

to fully developed laminar, turbulent and pulsating flows are given and analyzed in 

this chapter. The properties of the solids and fluid used in this study are presented in 

table 4.1.1. The properties of the fluids are selected to demonstrate the influence of 

fluid thermal properties on the results of the simulations, i.e. coolanol-25 has the 

lowest thermal conductivity while mercury has the highest. The simulation conditions 

are given in table 4.2.1 for laminar flow and in tables 4.4.1, 4.4.2 and 4.4.3 for 

pulsating flow.

SOLIDS
Copper Steel Units

Thermal conductivity (ks) 381 43 W/m.K
Thermal expansion coefficient (a) 1.62 31 O'5 0.37310'5 1/K
Modulus of elasticity (E) 1.075 2.1 GPa
Poisson’s ratio (v) 0.335 0.3 Unitless

FLUIDS
Coolanol-25 Water Mercury Units

Thermal conductivity (kf) 0.13135 0.597 8.54 W/mK
Density (p) 900.00 998.23 13530 Kg/m"
Specific heat(Cp) 1882.35 4181.8 139.3 J/kgK
Kinemetic viscosity {jj/p)

sO©X 1.006 xlO'6 1.125 xlO'7 m2/s

Table 4.1.1 Properties of the pipe materials and fluids used in the study.

4.2 Fully Developed Laminar Pipe Flow

Two main studies about thermal stresses in pipes due to fully developed flow 

are presented in this section. The first study is parametric and investigates the effects
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of pipe diameter, thickness and length on thermal stresses in pipes. The second one 

investigates the flow properties and the thermal solid to fluid conductivity ratio on the 

resulting thermal stresses.

4.2.1 The Effects of Diameter, Thickness and Length Sizees on Thermal

Stresses:

The cases considered in the present study are given in table 4.2.1. The 

combination of three pipe wall thicknesses, three diameters and three lengths are 

taken into account. Both fluid and solid properties are kept constant. Steel and water 

are considered. The amount of heat flux employed for all cases is 1300 W/m2.K. The 

pipe inlet temperature is taken as 293 K. The velocity at pipe inlet is kept constant at 

1.25 x 10'3 m/s to ensure the laminar flow in the pipe. The grid independent studies 

were carried on and the grid sizes used are given in table 4.2.1.

Figures (4.2.1), (4.2.2), (4.2.3) and (4.2.4) show the dimensionless temperature 

(T*) distribution in the fluid and in the solid sides for cases 1,3,7 and 9 (Table 4.2.1), 

respectively. For thinner pipes (cases 1 and 3), as L/D ratio increases the temperature 

attains considerably high values in the solid wall vicinity. In this case, the temperature 

gradient at the fluid-solid interface increases considerably. However, the temperature 

gradient becomes larger in the vicinity of the solid pipe interior surface for case 1. 

Therefore, the location of the maximum temperature gradient changes as the L/D ratio 

increases; it moves inside the pipe. On the other hand, as the pipe thickness increases, 

the temperature in the fluid side close to the wall increases further. Similarly to the 

thinner pipe, the maximum temperature gradient occurs at fluid-solid interface. This is 

also true for low L/D ratio pipes (case 7). Consequently, as the pipe thickness 

increases the maximum temperature gradient remains at the fluid-solid interface. It 

should also be noted that for low L/D ratio pipes high temperature gradient attains in 

the solid side. The attainment of the high temperature gradient in the solid occurs due 

to the fact that the fluid temperature at the fluid-solid interface is relatively lower; the 

heat flux from solid wall to the fluid is high.
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Diameter Thickness of the pipe ( m ), t Length of the pipe ( m ), L
of the pipe and 5 x D 15 xD 25 xD

( m) , D Number of grid points 0.4 1.2 2.0
t = O.lxD = 0.008 Case 1 Case 2 Case 3

in solid 20 20 20
No. grid points in In fluid 100 100 100

in axial direction 20 120 200
t = 0.3xD = 0.024 Case 4 Case 5 Case 6

D = 0.08
in solid 60 60 60

No. grid points in in fluid 100 100 100
in axial direction 40 120 200

t = 0.5x13 = 0.04 Case 7 Case 8 Case 9
in solid 100 100 100

No. grid points in fluid 100 100 100
in axial direction 40 120 200

t = O.lxD = 0.012 Case 10 Case 11 Case 12
in solid 40 40 40

No. grid points in fluid 100 100 100
in axial direction 40 120 200

t = 0.3xD = 0.030 Case 13 Case 14 Case 15

D = 0.12
in solid 60 60 60

No. grid points in fluid 100 100 100
in axial direction 40 120 200

t = 0.5x1D = 0.06 Case 16 Case 17 Case 18
in solid 100 100 100

No. grid points in fluid 100 100 100
in axial direction 40 120 200

t = O.lxD = 0.016 Case 19 Case 20 Case 21
in solid 60 60 60

No. grid points in fluid 100 100 100
in axial direction 40 120 200

t = 0.3xD = 0.048 Case 22 Case 23 Case 24

D = 0.16
in solid 60 60 60

No. grid points in fluid 100 100 100
in axial direction 40 120 200

t=  0.5x1D = 0.08 Case 25 Case 26 Case 27
in solid 100 100 100

No. grid points in fluid 100 100 100
in axial direction 40 120 200

Table 4.2.1 .Diameters, thicknesses, lengths and grid sizes of the pipes used in the 

parametric study.
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Figure 4.2.1 Dimensionless temperature contours for the conditions: 
D=0.08 m, t=0.1xD, L=5xD (case 1, Table 4.2.1), where D is the inside

diameter of the pipe

"5;

Figure 4.2.2 Dimensionless temperature contours for the conditions: 
D=0.08 m, t=0.1 xD, L=25*D (case 3 in Table 4.2.1), where D is the inside

diameter of the pipe
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Figure 4.2.3 Dimensionless temperature contours for the conditions:
D=0.08 m, t=0.5xD, L=5*D (case 7 in Table 4.2.1), where D is the inside diameter of

the pipe

Figure 4.2.4 Dimensionless temperature contours for the conditions:
D=0.08 m, t=0.5*D, L=25*D (case 9 in Table 4.2.1), where D is the inside diameter

of the pipe
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Figures (4.2.5) through (4.2.13) show the effective stress to yield stress ratio 

(stress-ratio) with the dimensionless radius (r*) for the cases 1 through 27 

respectively, as indicated in Table 4.2.1. The stress ratio at the inner radius (r*=0) 

reaches to maximum for all axial planes (inlet, mid and outlet planes). The stress ratio 

reduces to minimum then increases as the r* increases. This occurs because of the 

temperature gradient variation in the pipe wall. Moreover, as the axial plane moves 

forward to the tube outlet, the location of the minimum stress ratio moves towards the 

pipe end; r* corresponding to the minimum stress ratio increases. On the other hand, 

as the pipe thickness increases, the decay of the stress ratio reduces along r*, which is 

evident from the figures (4.2.7),(4.2.10) and (4.2.13). This is due to the temperature 

distribution in the pipe wall; the temperature gradient changes smoothly across the 

pipe wall as indicated earlier. The location of the minimum stress ratio moves closer 

to the pipe inlet as compared to that occurring for thinner pipe case. However, the 

value of stress ratio increases almost three times more than that corresponding to 

thinner pipe. Consequently, the values of stress ratio and its distribution in the pipe 

are highly dependent on the pipe wall thickness. As the pipe diameter increases, the 

location of minimum stress ratio moves closer to the pipe inlet. Moreover, its location 

becomes independent of the axial planes, i.e. the locations of the minimum stress ratio 

corresponding to inlet, mid and outlet planes almost coincide at the same location. 

This is more pronounced when the pipe wall thickness increases as shown in figure 

(4.2.13). Moreover, the stress ratio profile corresponding to inlet plane varies slightly 

as compared to that corresponding to mid and outlet planes; the gradient of the stress 

ratio changes as the location in the axial direction changes. In addition, as r* increases, 

the gradient of the stress ratio after the location of minimum stress increases. This 

becomes more visible at larger pipe diameters.
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a. Case 1.

r

b. Case 2.

c. Case 3.

Figure 4.2.5 Thermal stresses for cases 1,2 and 3 in Table 4.2.1.
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a. Case 4

r

b. Case 5

r
c. Case 6

Figure 4.2.6. Thermal stresses for cases 4,5 and 6 in table 4.2.1.
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Figure 4.2.7. Thermal stresses for the cases 7,8 and 9 in Table 4.2.1.
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Figure 4.2.8. Thermal stresses for the cases 10,11 and 12 in Table 4.2.1.
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Figure 4.2.9. Thermal stresses for the cases 13,14 and 15 in Table 4.2.1.
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Figure 4.2.10. Thermal stresses for the cases 16,17 and 18 in Table 4.2.1.
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Figure 4.2.11. Therm al stresses for the cases 19,20 and 21 in  Table 4.2.1.
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Figure 4.2.12. Thermal stresses for the cases 22,23 and 24 in Table 4.2.1.
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Figure 4.2.13. Thermal stresses for the cases 25,26 and 27 in Table 4.2.1.
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4.2.2 The Material Properties and the Thermal Conductivity Effects on

Thermal Stresses:

To examine the effects of thermal properties of fluid and solid to fluid 

conductivity ratio on the resulting thermal stresses in pipes, a combination of three 

different fluids, namely water (Pr = 7), coolanol-25 (Pr = 64.4) and mercury (Pr = 

0.02), and two solids, namely, steel and copper are used.

Figures (4.2.14a) and (4.2.14b) show the dimensionless temperature 

distribution in the solid and fluid along the length for Pr = 0.02. Almost uniform 

dimensionless temperature is observed in the radial direction; the temperature gradient 

in the radial direction in solid side remains almost constant. This argument is also 

valid for the fluid side. As the distance from the inlet along the pipe length increases, 

the dimensionless temperature increases because of the uniform heat supplied from 

the pipe external surface. Since the Prandtl number is low, the convection heat 

transfer is expected to be low in the axial direction; therefore, the temperature 

difference appears to be large in this direction. When comparing figures (4.2.14a) and 

(4.2.14b), it can be seen that temperature contours attain high values as the thermal 

conductivity ratio (ks/kf) increases. The temperature gradient at solid-fluid interface 

changes as the pipe length increases. This change is not influenced by the thermal 

conductivity ratio. This may occur because of the imposed heat conduction in the 

solid side, i.e. as the solid conductivity increases, the temperature in the solid side 

becomes almost uniform along the axial direction.
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Figures (4.2.15a) and (4.2.15b) show the dimensionless temperature contours 

in the solid and fluid sides for two thermal conductivity ratios. The temperature 

contours attain considerably high values close to the solid wall and extends further 

inside the fluid. Moreover, no-radial uniformity is observed in the temperature 

contours. This is because of the high Prandtl number, which is 7, i.e. the convection 

heat transfer improves considerably resulting in extension of temperature contours 

inside the fluid. The rapid change in temperature gradient occurs in the solid close to 

the inner surface vicinity. This is more pronounced as the dimensionless axial distance 

(x/L) increases. In addition, the effect of thermal conductivity ratio on the temperature 

contours is considerable. In this case, as ks/kf decreases, the temperature distribution 

in the radial direction becomes straight as well it attains high values. This is again due 

to the heat conduction in the solid, i.e. heat conduction in the solid slows as the 

thermal conductivity reduces, which in turn in results low temperature gradients in the 

radial as well as in axial direction.

Figures (4.2.16a) and (4.2.16b) show the dimensionless temperatures in the 

solid and fluid sides for two thermal conductivity ratios. The temperature profiles do 

not extend further inside the fluid in the radial direction, i.e. temperature profiles do 

not become straight in the radial direction. This is again due to the convection heat 

transfer effect, since the Prandtl number is 64.4, i.e. higher the Prandtl number results 

in enhanced convection heat transfer. The temperature gradient rapidly changes in the 

solid side. The location of this change moves further away from the inner surface of 

the pipe as the Prandtl number increases. The change of temperature gradient is more 

pronounced as the thermal conductivity ratio increases. This may indicate that the 

convection cooling of the inner wall of the pipe at solid-fluid interface is considerable, 

which in turn leads to low interface temperature.
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Figure 4.2.15 Dimensionless temperature (T*) contours for the cases: a) steel and
water and b) copper and water.
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Figure 4.2.16 Dimensionless temperature contours (T ) contours for the cases: a) steel 
and coolanol-25 and b) copper and coolanol-25.
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Figure (4.2.17) shows the dimensionless temperature uow along the pipe 

length, as thermal conductivity is variable. The dimensionless temperature attains 

almost the same value at the center of the pipe where x/L = 0.5. As the thermal 

conductivity ratio and Prandtl number increase, the dimensionless temperature along 

the pipe reduces. This indicates that the conduction has almost equally important 

effect on the temperature profiles as compared to convection cooling.

Figure (4.2.18) shows the effective stress distribution with r* at the inlet plane, 

as thermal conductivity ratio is variable. The effective stress attains considerable high 

values close to the solid-fluid interface (r*= 0). This is because of the temperature 

gradient in this region, i.e. the temperature gradient changes at the interface. In the 

case of high Prandtl number and thermal conductivity ratio, the effective stress farther 

increases in the region close to the solid-fluid interface. As the radial distance 

increases, effective stress remains constant except at r*= 0.5. In this case, the effective 

stress reduces to minimum. This is again because of the temperature gradient which 

becomes almost constant at r*= 0.5. Moreover, as r* increases further, effective stress 

increases slightly towards the outer surface of the pipe. In this case, the temperature 

gradient is expected to reduce in this region.
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Figure 4.2.17 The dimensionless outer wall temperature vs. the dimensionless pipe 

length for various Prandtl numbers and thermal conductivity ratios.
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Figure 4.2.18 The effective stress distribution vs. the dimensionless pipe radius at the 
inlet- plane of the pipe for various Prandtl numbers and thermal conductivity ratios.
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Figure (4.2.19) shows the effective stresses distribution with r* at the mid- 

plane of the pipe, as thermal conductivity ratio is variable. The effective stress attains 

the highest value at the solid-fluid interface and it reduces as the radial distance 

increases. At low Prandtl number and low thermal conductivity ratio, effective stress 

reduces considerably. Moreover, the effective stress reduces to minimum at r*= 0.5. 

This is again due to the temperature gradient at this location in the solid. Moreover, 

the effective stress variation with r* is shown in figure (4.2.20) at outlet plane of the 

pipe. The stress behavior with r* is almost similar to that occurs for the inlet plane 

provided that the stress corresponding to low Prandtl number and low thermal 

conductivity ratio is less in the radial direction. When comparing the effective stress 

at pipe inlet plane, mid-plane and outlet plane, it can be observed that the effective 

stress reduces at mid and outlet planes. Therefore, the radial stresses reduce as the 

length in the axial direction increases. This may occur because of the convection and 

conduction effect of the heat transfer mechanism, i.e. convection heat transfer reduces 

the solid-fluid interface temperature at the pipe inlet, and as a consequence the 

conduction in the solid accelerates resulting in high temperature gradient in the radial 

direction at pipe inlet plane.

Figure (4.2.21) shows the dimensionless temperature ratio 0ow/0iw along the 

pipe length (x/L) pipe and fluid properties are variable. In general, the dimensionless 

temperature reduces as the distance along the pipe length increases. Steel pipe results 

in the highest dimensionless temperature at the pipe inlet plane irrespective of the 

fluid properties. This may occur because the thermal properties of the steel, i.e. it has 

relatively low thermal conductivity as compared to copper which in turn results in 

high outside pipe temperature. In the case of copper, the dimensionless temperature 

attains low values at pipe inlet plane and it reduces further as x/L increases. The decay 

rate of dimensionless temperature along x/L is considerably high in the case of steel. 

This may indicate that the axial heat conduction is smaller than copper resulting in 

relatively low temperature attainment at the solid-fluid interface. In addition, the 

effect of fluid properties on the dimensionless temperature is considerable. This is 

more pronounced for coolanol-25. In this case, the dimensionless temperature along 

the pipe reduces considerably.
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Figure 4.2.19 The effective stress distribution vs. the dimensionless pipe radius at the 
mid-plane of the pipe for various Prandtl numbers and thermal conductivity ratios.
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Figure 4.2.20 The effective stress distribution vs. the dimensionless pipe radius at the 

pipe outlet-plane for various Prandtl numbers and thermal conductivity ratios.
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Figure (4.2.22) shows the location of minimum effective stresses in the radial 

direction at inlet, mid and outlet planes of the pipe. The minimum effective stress 

occurs almost at r*=0.5 for all the pipes and fluids employed at present. However, the 

value of minimum stress increases considerably for steel. Similar results are obtained 

for the mid-plane provided that the effect of fluid properties is more pronounced. In 

this case, coolanol-25 results in less value of minimum stresses. At the outlet plane, 

the minimum effective stress scatters in the radial direction such away that it expands 

in a range 0.4 < r*<0.8. This is again because of the temperature gradient developed in 

the pipe. When comparing the minimum stresses at inlet, mid and outlet planes, the 

minimum stress attains considerable high vales at the inlet planes. This occurs 

because of the considerably high temperature gradient development in this region.
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4.3 Turbulent flow

This section presents the thermal stresses developed in pipes due to turbulent 

flow at different Reynolds numbers (10000, 30000 and 50000). Simulations are made 

for two fluids (water and coolanol-25) to investigate the effects of Pmadtl number on 

the resulting thermal stresses. Two solids (steel and copper) are also employed in the 

study to investigate the effect of solid to fluid conductivity ratio.

Figure (4.3.1) shows the local Nusselt number variation with dimensionless 

distance (x/L) for two different fluids, three Reynolds numbers and two pipe 

materials. The Nusselt number attains higher values in the region close to the pipe 

inlet where x/L is low. This is because of the relatively cold fluid entering the pipe. 

As the fluid passes through the pipe, its temperature increases because of heat 

transfer. This suppresses the heat transfer rate from solid wall to fluid. Consequently, 

the Nusselt number attains relatively lower values as compared to that corresponding 

to pipe inlet. As the Reynolds number increases, the Nusselt number increases as 

expected, since the Nusselt number is a function of the Reynolds number. Moreover, 

the Nusselt number attains higher values for coolanol-25 as compared to the case 

corresponding to water. This is because of the fluid properties, i.e. coolanol-25 has 

lower specific heat and density as compared to water [Table 4.1.1]. The effect of the 

pipe material properties on the Nusselt number is not significant. This may occur 

because of the steady state heating of the fluid, in which case heat supplied to pipe 

wall takes place at a constant rate. Consequently, the interface temperature between 

the wall and the fluid differs for different materials, but amount of heat transfer to the 

fluid remains constant.
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Figure 4.3.1 Variation of the local Nusselt number (Nu) with the dimensionless length 

of the pipe for two fluids at different Reynolds numbers for the cases of a) steel pipe

and b) copper pipe.
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Figure (4.3.2a) shows the dimensionless temperature (T*) profiles in the solid 

and fluid for a copper pipe and water at Re=10000. The temperature profile in the 

copper changes its slope sharply at the pipe entrance. As the distance along the pipe 

increases, the temperature profiles gradual decay before the sharp change in slope. 

This is because of the heat transfer characteristics. The uniform heat supplied 

externally enhances the temperature rise along the x-axis in the pipe. Consequently, in 

the copper, the temperature contours attain higher values as the distance from the pipe 

inlet increases in the x-direction. The location of sharp temperature gradient change 

occurs in the solid and close to the fluid-solid interface. This is because close to the 

solid-fluid interface temperature decays rapidly due to high heat transfer coefficient at 

solid-fluid interface. In the case of fluid, the temperature attains high values close to 

the solid-fluid interface and reduces as the radial distance from the solid wall 

increases. Moreover, the temperature gradient along the pipe length changes as the 

radial location changes. In this case, the region of heated fluid expands in the radial 

direction towards the pipe end. The similar behavior is observed from figure (4.3.2b), 

in which the temperature contours in the solid and fluid are shown for copper pipe and 

coolanol-25 at Re=10000. When comparing figures (4.3.2a) and (4.3.2b), the 

temperature contours expand further inside the fluid. This is because of the fluid 

properties such that water has relatively higher heat capacity and thermal diffusivity 

as compared to coolanol-25 as evident from Table 4.1.

Figures (4.3.3a) and (4.3.3b) show the dimensionless temperature contours in 

the solid and fluid sides for steel pipe at Re=10000. The temperature gradient changes 

rapidly in the solid side close to the solid-fluid interface. As the axial distance along 

the pipe length increases, the temperature gradient changes rather smoothly due to the 

heat transfer characteristics. In the case of fluid side, the temperature contours expand 

into the liquid as the axial distance from the pipe entrance increases. This is more 

pronounced for water, since it has higher thermal diffusivity as compared to coolanol- 

25. The effect of fluid properties on the temperature is also visible in the solid side. In 

this case, water results in lower values of temperature contours in the solid as 

compared to its counterpart that resulted from coolanol-25.
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Figure 4.3.2 Dimensionless temperature (T*) contours for the case of copper pipe with

water and coolanol-25 at Re = 10000.
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Figure 4.3.3 Dimensionless temperature (T*) contours for the case of steel pipe with

water and coolanol-25 at Re = 10000.
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Figures (4.3.4a) and (4.3.4b) show the dimensionless temperature contours in 

solid and fluid sides for water and coolanol-25 and copper pipe at Re=30,000. The 

temperature gradient reduces gradually in the solid along the radial direction. The 

temperature gradient attains large values as the axial distance along the pipe length 

increases. Similar to the observation made for figures (4.3.2a) and (4.3.2b), the 

temperature gradient changes rapidly in the solid close to the solid-fluid interface. The 

location of rapid temperature gradient change moves relatively close to the solid-fluid 

interface as compared to those that occur in figures (4.3.2a) and (4.3.2b). This is 

because of the convection cooling of the pipe, which is enhanced with increasing 

Reynolds number. The temperature contours extend inside the fluid towards the end 

of the pipe. This is more pronounced for water than coolanol-25, which is again due to 

the properties of the fluid used. The same observations are available in figures 

(4.3.5a) and (4.3.5b) that show the dimensionless temperature contours for water and 

coolanol-25 and copper pipe at Re=50,000.
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Figure 4.3.4 Dimensionless temperature (T*) contours for the case of copper pipe with

water and coolanol-25 at Re = 30000.
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Figure 4.3.5 Dimensionless temperature (T*) contours for the case of copper pipe with

water and coolanoI-25 at Re = 50000
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Figures (4.3.6a) and (4.3.6b) show the dimensionless temperature contours in 

the solid and fluid for water and coolanol-25 and steel pipe at Re=30,000. The 

temperature gradient in steel pipe reduces gradually along the pipe length except in 

the region close to the pipe inlet. In this case, the sharp decay of temperature gradients 

are observed at the pipe inlet, which is more pronounced for coolanol-25. When 

comparing the temperature profiles in steel and copper pipes, the temperature 

gradients decay more smoothly in the steel pipe as compared to that corresponding to 

copper pipe. This occurs because the high thermal conductivity of the copper, in 

which case rapid change of temperature gradient in the solid occurs, since the fluid 

acts as a heat sink for the solid due to convective cooling. When comparing figures 

(4.3.6a) and (4.3.6a), the effect of the Reynolds number on temperature gradient is 

evident in the solid side. In this case, the temperature gradient rapidly changes close 

to the solid-fluid interface along the pipe length at low Reynolds number. As the 

Reynolds number increases the rapid change of temperature gradients is observed 

close to the pipe inlet only., which is shown clearly in figures (4.3.7a) and (4.3.7b) 

that show the dimensionless temperature contours for water and coolanol-25 and steel 

pipe at Re=50000. This is because of the heat transfer rate along the pipe length, 

which is higher at the pipe inlet due to low fluid temperature. As the pipe length 

increases, the fluid temperature increases and heat transfer rate reduces so does the 

temperature gradient in the solid side.
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Figure 4.3.6 Dimensionless temperature (T ) contours for the case of steel pipe with
water and coolanol-25 at Re = 30000.
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Figure 4.3.7 Diraensionless temperature (T*) contours for the case of steel pipe with
water and coolanol-25 at Re = 50000.
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Figure (4.3.8) shows the effective stress with dimensionless radius (r*) at mid­

plane of the pipe for different combination of solid and fluid properties. In general, 

the effective stress reduces to minimum as the radial distance from the inner surface 

increases to almost 0.5. It then, increases as r* increases to reach 1. In the case of

copper pipe, the effective stress does not alter to dimensionless radius r to the point
£ * 

where r ( 0.5. It increases to attain a steady value where r further increases to 1. This

occurs because the temperature gradient in the solid, which remains almost the same

across the pipe cross-section due to high thermal conductivity of the substance

(copper). In the case of steel pipe, effective stress is maximum at the pipe inlet and
% }|t 

reduces to minimum at almost r = 0.5. It increases further as r increases to 1. The

effective stress attains higher values in the case of water as compared to the case

corresponding to coolanol-25. This is because the temperature distribution in the

solid, in which case it is water, results in higher temperature gradients in the solid.

The effect of Reynolds number can be observed, when comparing figures (4.3.8a),

(8.3.8b) and (4.3.8c). The effect of fluid properties on the effective stress becomes

negligible as Reynolds number increases. In this case, the effective stresses due to

water and coolanol-25 become identical along the dimensionless radius r*. Moreover,

the effect of solid material on the effective stress is negligible with increasing

Reynolds number. This is because the heat transfer coefficient at solid-fluid interface

attains steady value with increasing Reynolds number (figure (4.3.1)). Consequently,

the temperature distribution in the fluid remains the same at high Reynolds number.

However, the temperature distribution in the solid becomes the same for all Reynolds

numbers.
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three different Reynolds numbers.
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4.4 Pulsating Flow

This section presents the results of a parametric study about thermal stresses in 

pipes due to pulsating flow. The parameters investigated in this study are the pipe 

diameter, the pipe thickness to diameter ratio, the length to diameter ratio, the 

Reynolds number, the fluid properties (Prandtl number), the pressure difference 

oscillating frequency and the amount of heat flux.

4.4.1 The Effects of Diameter Size and Thickness to Diameter Ratio on Thermal 

Stresses:

To investigate the effect of the pipe diameter and thickness on thermal stresses 

in pipes due to pulsating flow, two pipe diameters and two thickness to diameter ratios 

for each pipe diameter are simulated. The length to diameter ratio is kept constant. 

Table 4.4.1 provides the values of the parameters and the grid sizes used in this part. 

The heat flux is taken as 20,000 W/m and the pressure difference oscillating 

frequency is equal to 0.1 Hz. Steel and water are considered as the solid and fluid 

respectively in this study.

Pipe
Inner

Diameter,
D(m)

Pipe 
Thickness, t (m)

Pipe
Length,

(m)

Mesh Size (no. cells)

Radial
(Fluid)

Radial
(Solid)

Axial

0.04 0.125 D = 0.005 7.5 D = 0.3 120 30 24
0.5 D = 0.02 7.5 D = 0.3 120 120 24

0.08 0.125 D =0.01 7.5 D = 0.6 120 30 24
0.5 D = 0.04 7.5 D = 0.6 120 120 24

Table 4.4.1 The pipe diameters and thicknesses (Reynolds number = 500).
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Figure (4.4.1) shows the temporal variation of temperature in the inner and 

outer walls at inlet and outlet planes of the pipe for two diameters and for a thickness 

to diameter ratio equal to 0.125. The temperature rise is almost steady with some 

oscillation at the outer wall of the outlet plane; however, oscillation in temperature 

occurs elsewhere. This is more pronounced at the inner wall of the inlet plane. In this 

case, oscillation in the temperature field in the fluid side results in similar behavior at 

the interface between the solid wall and the fluid. Consequently, the amplitude of 

oscillation becomes larger in this region. Moreover, the rise of temperature profile is 

higher at the outer wall than that corresponding to the inner wall. This is because of 

the heat input from the outer surface of the pipe. The effect of the pipe diameter on 

the temperature field results in less oscillation in the temperature profile at the outer 

wall and it becomes smoother and more steady for 0.08 m diameter pipe than that 

corresponding to 0.04 m diameter. This indicates that as the diameter of the pipe 

increases, the temperature oscillation in the pipe is damped out.

Figures (4.4.2) and (4.4.3) show the temporal variation of the effective stresses 

at the outer, mid- radial plane and inner walls at the inlet and outlet planes of the pipe 

for the 0.04 m and 0.08 m diameters and a thickness to diameter ratio equal to 0.125, 

respectively. The stresses at the mid-radial plane and outer walls of the pipe are not 

considerable. Moreover, the level of the stress increases at the inner wall of the pipe. 

In this case, a peak stress level of the order of about 12 MPa is observed. A larger 

amplitude of oscillation is observed in the inlet plane compared to that of the outlet 

plane. This is because of the temperature field in this region, i.e. the rise of 

temperature as well as its amplitude of oscillation are high in this region. In addition, 

thermally induced stress loading from the inner and outer surfaces of the pipe is also 

high in this region. In the case of the outlet plane, the oscillation in stress level is low 

due to the relative lower temperature rise in this region as compared to that 

corresponding to inlet plane. The effect of pipe diameter on the effective stress is only 

significant at the outlet plane of the pipe. In this case, as the pipe diameter becomes 

larger, the stress level at the outlet plane oscillates with lower amplitude.
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Time (s)

4.4.1a D = 0.04 m, t = 0.005 m

4.4.1b D = 0.08 m, t = 0.01 m

Figure 4.4.1 Inner and outer wall temperatures at the inlet and outlet planes for the 
cases of D = 0.04 m and D = 0.08 m and t = 0.125xD.
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Figure (4.4.4) shows the temperature profiles with time at the inner and outer 

walls of inlet and outlet planes two diameters and for a thickness to diameter ratio 

equal to 0.5. Oscillation in temperature profiles at inner walls of the pipe is evident. 

At the outer wall, the increase in temperature becomes mores steady (almost no 

oscillation). Moreover, oscillation in temperature profile at the inner wall of the inlet 

plane is higher than that corresponding to the inner wall at outlet plane. This is 

because of the oscillation of the velocity at the pipe inlet, i.e. velocity oscillation 

decays towards the end of the pipe, which in turn reduces the temperature oscillation. 

As the pipe diameter increases with the same thickness to diameter ratio, the 

magnitude of the oscillation in the inner and outer wall temperatures reduces. This is 

evident from figure (4.4.4b) in which the temperature profiles at the inner and outer 

wall locations are shown for a 0.04 m thick and 0.08 m diameter pipe. This occurs 

because of the thermal capacitance of the pipe wall. In this case, the energy stored by 

the pipe material increases as the transient heating progresses, i.e. the pipe wall acts as 

a heat source enhancing the fluid heating in the pipe. Consequently, the fluid 

convective cooling of the inner wall is suppressed and the temperature oscillation 

reduces. This also results in almost no oscillation at the outer wall of the pipe.

Figures (4.4.5) and (4.4.6) show the effective stresses in the region of the inner 

and outer wall of the pipe at the inlet and exit planes. The oscillation in the effective 

stress is low in the early heating period. This is because of the low temperature 

oscillations in this region. As the heating progresses, the amplitude of oscillation 

increases provided that this is more visible at the inner wall of the pipe. In this case, 

the temperature oscillation at the inner wall results in excessive stress oscillation in 

this region. This change in stress level is more pronounced at the inlet plane of the 

pipe, which is due to relatively larger amplitude in temperature at the inlet plane as 

compared to that corresponding to outlet plane. The rate of stress increase is high in 

the early heating period while the rise of stress is almost steady with time as the 

heating progresses. This is more pronounced at the mid and outlet planes. This is 

because of the temperature profiles in these planes, i.e. the high rate of temperature 

rise results in a similar rise in the stress levels.
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4.4.4a D = 0.04 m, 10.02 m

Time (s)

4.4.4b D = 0.08 m, t = 0.04 m 
Figure 4.4.4 Inner and outer wall temperatures for the cases of 

D = 0.04 m and D = 0.08 m and t = 0.5xD.
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Figure 4.4.5 Thermal stresses at inlet and outlet planes for the case of 
D = 0.04 m, t = 0.5xD = 0.02 m
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Figure 4.4.6 Thermal stresses at inlet and outlet planes for the case of 

D = 0.08 m, t = 0.5xD = 0.04 m
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4 .4 .2  T h e  E ffe c ts  o f  P ip e  L e n g th  S ize  o n  T h e r m a l  S tresses:

The second part of this section covers the effects of pipe length on the thermal 

stresses. The pipe inner diameter is taken as 0.08 m and the thickness to diameter ratio 

is kept constant. Three different lengths are used. The values of the parameters used in 

this part are provided in Table 4.4.2. The heat flux is taken as 20,000 W/m2 and the 

pressure difference oscillating frequency is equal to 0.1 Hz. Steel and water are 

considered as the solid and fluid respectively in this study.

Pipe
Length, (m)

Mesh Size (no. cells)

Radial
(Fluid)

Radial
(Solid)

Axial

7.5 D =0.6 120 30 24
12.5 D =1.0 120 30 40
17.5 D =1.4 120 30 56

Table 4.4.2 Pipe Lengths (Reynolds number = 500, t/D = 0.125).

Figure (4.4.7) shows the effect of pipe length on the temporal variation of 

temperatures at inner and outer walls at the pipe inlet, mid and exit planes. The effect 

of pipe length on the temperature field at different locations in the pipe is 

insignificant. This may be because of the relatively short period of heating, which is 

120 seconds, i.e. the fluid inside the pipe is not heated to elevated temperatures due to 

the relatively short heating duration.
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Figures (4.4.8) and (4.4.9) show the effective stress with time at the inlet and 

outlet planes for two pipe lengths. The effective stress oscillates at high amplitude at 

the inner wall and the amplitude of this oscillation reduces at the mid-radial plane and 

outer wall of the pipe. The effect of pipe length on the effective stress is more 

pronounced at the outlet plane of the pipe. In this case, increasing pipe length results 

in high stress levels in the inner wall of the pipe. This is because of the high 

temperature gradient attained at the solid-liquid interface in the pipe.
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Figure 4.4.7 Inner and outer wall temperatures at inlet and outlet planes for the cases

of (L = 12.5 x D) and (L = 17.5 x D)
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4 .4 .3  T h e  E ffe c ts  o f  R e y n o ld s  N u m b e r  on  T h e r m a l  S tresses:

A third part of this study is used to find the effects of the Reynolds number on 

thermal stresses. The pipe diameter is also taken as 0.08 m and the length of the pipe 

is taken as 7.5 times the pipe diameter. The pipe thickness is considered as 0.125 

times the pipe diameter. Reynolds numbers of 500, 1000 and 1500 are used in the 

study. The heat flux is taken as 20,000 W/m2 and the pressure difference oscillating 

frequency is equal to 0.1 Hz. Steel and water are considered as the solid and fluid 

respectively in this study. The grid size giving independent results is 120 radial cells 

in fluid, 30 radial cells in solid and 24 axial cells.

Figure (4.4.10) shows the effect of Reynolds number on temporal variation of 

temperatures at inner and outer walls of inlet, mid and outlet planes of the pipe. The 

magnitude of temperature reduces at all locations in the pipe as the Reynolds number 

increases. This is more pronounced as the heating progresses. Moreover, the 

amplitude of the temperature oscillation at the inner wall of inlet plane increases with 

increasing the Reynolds number. This occurs because of the amplitude of the inlet 

velocity, which increases with increasing the Reynolds number. In this case, a large 

amplitude temperature oscillation occurs at pipe inlet; however, the amplitude 

enhancement due to high Reynolds number reduces at mid and outlet planes of the 

pipe
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Figures (4.4.11) and (4.4.12) show the effect of the Reynolds number on 

temporal variation of effective stresses at the inner and outer walls at the inlet, mid 

and outer planes of the pipe. The magnitude of the effective stress increases with 

increasing Reynolds number. In this case, thermal boundary layer becomes thin due to 

enhanced convective effect, which in turn results in high temperature gradient at the 

solid-liquid interface. Therefore, high temperature gradient increases the stress levels 

in this region. The enhancement in the magnitude of stress oscillation is more 

pronounced at the mid and exit planes of the pipe. The amplitude of oscillation in 

effective stress also increases as the heating period and Reynolds number increase. 

This is due to the temperature behavior across the pipe wall, i.e. temperature 

oscillation at the inner wall of the pipe results in a similar behavior of effective 

stresses in the pipe wall.
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Figure 4.4.10 Inner and outer wall temperatures at the inlet and outlet planes for the

Cases of (Re = 1000) and (Re = 1500)
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Figure 4.4.11 Thermal stresses at the inlet and outlet planes for the case of (Re =
1000)
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4 .4 .4  T h e  E ffe c ts  o f  F lu id  P ro p e r t ie s  ( P r a n d t l  N u m b e r )  o n  T h e r m a l  S tresses:

To investigate the effect of the fluid properties (Prandtl number) on thermal 

stresses in pipes due to pulsating flow, three different fluids (water, coolanol-25 and 

mercury) are used. Steel is taken as the solid. The heat flux is taken as 20,000 W/m2 

and the pressure difference oscillating frequency is equal to 0.1 Hz. The pipe diameter 

is also taken as 0.08 m and the length of the pipe is taken as 7.5 times the pipe 

diameter. The pipe thickness considered is 0.125 times the pipe diameter. The heat 

flux is taken as 20,000 W/m2. The grid size independent results for all cases are 120 

radial cells in fluid, 30 radial cells in solid and 24 axial cells.

Figure 4.4.1b shows the temporal variation of temperature at different 

locations in inlet and outlet planes of the pipe wall for water. Figures 4.4.13a and 

4.4.13b show the behavior in the case of coolanol-25 and mercury respectively. It can 

be observed that the outer wall temperature in the outer wall does not oscillate in all 

cases. In the case of water and coolanol-25, it can be observed that at the inner wall 

temperatures oscillates at inlet and outlet planes at a frequency of 0.1 Hz, which is the 

same frequency as the frequency of the oscillating fluid pressure difference. 

Temperature oscillation in the solid clearly reduces as the specific heat of the fluid 

reduces; thus there is no temperature oscillation at the outer wall at the inlet plane in 

the case of coolanol-25 and almost disappears at all locations in the case of mercury. 

However, the amplitude of temperature profile increases at inner wall at the inlet 

plane in the case of coolanol-25 as compared to the same location in the case of water. 

This is due to the lower thermal conductivity of coolanol-25 as compared to water.
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Figure 4.4.3 shows the temporal distribution of effective stress at different 

locations in the pipe wall at inlet and outlet planes of the pipe for the case of water. 

Figures 4.4.14 and 4.4.15 show the effective stresses for the cases of coolanol-25 and 

mercury. Stress levels obtained at inner wall at inlet and outlet planes of the pipe are 

higher than those obtained for water and mercury. This is because of the higher 

temperature difference between the inner wall of the pipe and the other layers inside 

the pipe in the case of coolanol-25 as compared to water and mercury (figures 4.4.1b, 

4.4.13a and 4.4.13b). Also, higher stress amplitudes are obtained at the inner wall in 

the case of coolanol-25. This is due to the higher temperature oscillation amplitude as 

was discussed before. In the case of mercury, stress oscillation almost disappears and 

stress amplitudes become smaller due to the temperature behavior in the solid. 

Oscillation in stress almost disappears at the outer wall in all cases due to the non­

presence of temperature oscillation.
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4.4.13b Mercury

Figure 4.4.13 Inner and outer wall temperatures at the inlet and outlet planes for the
cases of coolanol-25 and mercury.
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Figure 4.4.14 Therm al stresses at inlet and outlet planes for the case o f  coolanol-25.
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4.4.15 Therm al stresses at inlet and outlet planes for the case o f  Mercury.
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4.4.5 The Effect of Pressure Difference Oscillating Frequency on Thermal

Stresses:

In this part of this study, the effect of oscillation frequency of pressure 

difference on thermal stresses is investigated. The pipe diameter is also taken as 0.08 

m and the length of the pipe is taken as 7.5 times the pipe diameter. The pipe 

thickness is considered as 0.125 times the pipe diameter. The heat flux is taken as

20,000 W/m2. Steel and water are considered as the solid and fluid respectively in this 

study. Three different pressure difference oscillating frequencies are used; 0.1 Hz (1 

cycle per 10 second), 0.2 Hz (1 cycle per 5 second) and 1.0 Hz (1 cycle per 1 second). 

The grid size independent results for all cases are 120 radial cells in fluid, 30 radial 

cells in solid and 24 axial cells.

Figure 4.4.1b shows the temporal temperature variation for the case of 0.1 Hz 

frequency of oscillating pressure difference, while Figures 4.4.16a and 4.4.16b show 

the variation of temperatures for the cases of 0.2 Hz and 1 Hz respectively. By 

comparing the three cases, it can be observed that the temperature profiles at outer 

wall of the outlet plane show similar trend. Moreover, temperature profiles at other 

locations in the pipe differ considerably. This is especially true at the inner wall of the 

inlet and outlet planes. It is clear that as the frequency of oscillating pressure 

difference reduces, the temperature oscillation frequency reduces and the amplitude of 

oscillation increases. The increase in amplitude suggests that heat transfer rates to the 

fluid reduce significantly, which in turn results in high interface temperature between 

the solid and the fluid. This is more pronounced as the heating period progresses.
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Figure 4.4.3 shows the effective stresses at inlet and outlet planes of the pipe in 

the case of an oscillating pressure difference equal to 0.1 Hz. Figures 4.4.17 and 

4.4.18 show the effective thermal stresses the inlet and outlet planes in the cases of

0.2 Hz and 1.0 Hz respectively. It can be seen that effective stresses at inner wall at 

inlet plane oscillate in a frequency equal to the pressure difference oscillating 

frequency. The amplitude of oscillation of effective stresses at this location reduces as 

the frequency of oscillation of pressure difference reduces, i.e. the temperature 

oscillation altitude reduces as the oscillating pressure difference reduces. Also, the 

values of stress reduce as the frequency of oscillation reduces, because as was shown 

the difference in temperature between the inner wall of the pipe and the other pipe 

layers becomes smaller as the pressure difference oscillating frequency reduces. 

Similar trend is observed at the outlet planes, but with less oscillation amplitude and 

stress values. This is because the effective stresses follow the temperature profiles at 

the outlet planes, which have smaller temperature oscillation amplitudes at these 

locations.
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Time (s)
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4.4.16 Inner and outer wall temperatures at the inlet and outlet planes for the cases of
0.2Hz and 1 Hz.
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4.4.18 Thermal stresses at inlet and outlet planes for the case o f  1.0 Hz.
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4 .4 .6  T h e  E f fe c t  o f  H e a t in g  L o a d  M a g n itu d e  o n  T h e r m a l  S tresses:

In this part of the section, the effect of oscillation frequency of pressure 

difference on thermal stresses is presented. The pipe diameter is taken as 0.08 m and 

the length of the pipe is taken as 7.5 times the pipe diameter. The pipe thickness is 

considered as 0.125 times the pipe diameter. Steel and water are considered as the 

solid and fluid respectively in this study. Three different heating load magnitudes are 

used; 2000 W/m2, 10000 W/m2 and 20000 W/m2. The grid size independent results 

for all cases are 120 radial cells in fluid, 30 radial cells in solid and 24 axial cells.

Figure 4.4.19a and 4.4.19b show the variation of temporal temperatures for the 

cases of 2000 W/m2 and 10000 W/m2 of heating loads respectively. Figure 4.4.1b 

shows the temporal variation of temperatures for the case of 20000 W/m of heating 

load. It can be seen that increasing heating load increases the levels of temperature, 

however, the frequency of temperature oscillation profiles does not change 

considerably.

By comparing the temporal stress variations at inlet and outlet planes of the pipe 

from figures 4.4.20, 4.4.21 and 4.4.3 for the cases of 2000 W/m2, 10000 W/m2 and 

20000 W/m2 respectively. It is clear that the stress levels show similar trend in 

oscillation for the three cases, but with an evident increase in stress levels 

accompanying the increase in heating loads.
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Figure 4.4.19 Inner and outer wall temperatures at the inlet and outlet planes for the

cases o f  2000 W /m2 and 10000 W /m2.
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4.4.20 Thermal stresses at inlet and outlet planes for the case o f  2000 W /m2.
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4.4.21 Thermal stresses at inlet and outlet planes for the case o f  10000 W /m2.
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It is observed that the temperature profiles follow a certain trend in most of the 

cases simulated in this section; that is, the temperature in outlet plane rises sharply 

with time. This is true for inner and outer walls of the pipe. Moreover, interface 

temperature (inner wall temperature) at inlet plane oscillates with the frequency of 

pressure oscillation, especially at the inner wall of the pipe. The amplitude of 

oscillation increases as time increases. This occurs because of the flow oscillation at 

pipe inlet and as heating progresses, temperature oscillation increase due to externally 

heating load. However, the temperature oscillation at the interface of the outlet plane 

diminishes indicating the damping of fluid oscillation towards the pipe end. As time 

increases, due to convective heating of the fluid, temperature of the fluid towards the 

end of the pipe increases. This, in turn results in small temperature difference between 

the fluid and the pipe wall. Consequently, due to uniform heat input, wall temperature 

rises despite the cooling of the wall by the fluid at the interface.

The stress profiles are also observed to follow a certain trend. The stress levels 

are smaller at the outer plane of the pipe. The stress levels oscillate and increase with 

heating period at the interface between the fluid and the solid wall. This is more 

pronounced at the interface, i.e. it oscillates and its amplitude increase with increasing 

heating period. Consequently, the temporal behavior of temperature results in similar 

behavior of effective stress. A more steady and smaller rise of stress levels is observed 

at outlet planes of the pipe, which is due to the temperature filed in the pie wall, i.e. 

amplitude and frequency of temperature decay as the pipe length increases. It is also 

clear that the magnitude of stress level is higher at the inlet plane.
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C H A P T E R  5

CO NC LUSIO NS AND R EC O M M E N D A T IO N  FO R  

FUTURE W O R K

5.1 Conclusions

The conclusions obtained from the present study for thermal stresses in pipes due 

to laminar flow, turbulent flow, and pulsating flow situations are summarized in the 

followings:

5.1.1 Laminar flow:

Fully developed laminar flow through a pipe with uniform heating is considered. 

In general, the radial stress generated in the inlet plane of the pipe is higher as 

compared to that corresponding to other planes in the axial direction. The effect of 

heat transfer on the thermal stresses due to different Prandtl numbers and thermal 

conductivity ratios are examined. In addition, low Prandtl number and low thermal 

conductivity ratios result in low radial effective stresses. The specific conclusions 

derived from the present work may be listed as follows:

The specific conclusions made about thermal stresses in pipes subjected to fully 

developed laminar flow are:

1. The temperature increases in the solid wall vicinity as L/D ratio increases for 

thinner pipes. This results in considerably high temperature gradient in this 

region.
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2. As L/D ratio changes, the location of maximum temperature gradient changes 

such that as L/D ratio increases, the location moves inside the solid pipe. In 

addition, as the wall thickness of the pipe increases, the maximum 

temperature gradient is attained at the fluid-solid interface.

3. In general, the stress ratio reduces to minimum at some location on the pipe

wall. Moreover, this location moves forwards to the pipe end as the axial 

distance increases.

4. The stress ratio increases when the thickness of the wall pipe increases; it 

attains almost three times more than that occurs for thinner pipes. 

Consequently, the stress ratio distribution and the location of the minimum 

stress ratio depend on the thickness of the pipe wall. Moreover, the locations 

of the minimum stress ratio become independent of axial planes when the 

thickness of the pipe wall increases.

5. The effect of Prandtl number and the conductivity ratio on the temperature 

distribution in the solid and fluid is significant. Low Prandtl number and low 

thermal conductivity ratio result in almost uniform temperature distribution in 

the solid and fluid. In this case, the temperature variation along the pipe axis 

is considerable.

6. A considerably high temperature gradient occurs at solid-fluid interface. The 

point of high temperature gradient moves inside the solid as the conductivity 

ratio increases. This may be because of the development of high heat transfer 

coefficient at the interface.
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7. The radial effective stress attains high values at pipe inlet and the effective 

stress reduces as the distance in the axial direction increases. This may be due 

to the axial temperature gradient variation.

8. The minimum effective stress occurs close to the center of the pipe where r*=

0.5. This may be because of the temperature gradient in this region, which is 

minimum.

5.1.2 Turbulent flow:

The turbulent flow in the thick pipe with external heating is considered and flows, 

temperature and stress fields are predicted. The temperature field in the solid was 

influenced by the fluid and pipe properties. However, as the Reynolds number 

increases, this influence becomes negligible. The effective stress at mid-plane of the 

pipe is not affected by the Reynolds number. However, the specific conclusions 

derived from the present study can be listed as follows:

1. The temperature increases in the solid wall vicinity as L/D ratio increases for 

thinner pipes. This results in considerably high temperature gradient in this 

region.

2. The Nusselt number predicted for different Reynolds numbers agree well 

with the experimental results obtained from the previous study.
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3. The local Nusselt number attains higher values at the pipe inlet because the 

cool fluid enters the pipe. As the fluid flows in the pipe, the temperature rises 

due to heat transfer, and the local Nusselt number reduces. The coolanol-25 

results in higher local Nusselt number as compared to water and the pipe 

material properties have almost no effect on the local Nusselt number.

4. The temperature profiles in the fluid extends further in the radial direction in 

the down stream of the pipe. This extension reduces as the Reynolds number 

increases, in which case, the fluid close to the solid wall is heated. In the case 

of coolanol-25, the fluid temperature distribution in the radial direction is 

limited to the region close to the solid wall.

5. The temperature profiles in the solid varies in the radial direction and this 

variation is not affected substantially by the Reynolds number. The 

temperature gradient in the solid changes rapidly in the vicinity of the solid- 

fluid interface. The changes in temperature gradient vary along the pipe axis.

6. The effective stress in the pipe does not vary considerably in the radial 

direction for copper pipe. In the case of steel pipe, the maximum effective 

stress occurs at the pipe inlet while it becomes minimum at r* s  0.5. As r* 

increases, beyond 0.5, the effective stress increases. The location of the 

minimum stress is not affected by the Reynolds number and fluid properties.
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5 .1 .3  P u ls a t in g  f lo w :

The simulation of the temperature and flow field in a pipe due to the 

oscillation conditions of inlet flow is carried out. It is found that the temperature 

oscillation during the heating period occurs The specific conclusions derived from the 

present work can be listed as follows:

1. The amplitude of temperature oscillation is high at the pipe inlet plane and 

it decays at the outlet plane of the pipe and it is more pronounced at low 

heating loads. This is because of the oscillation in the velocity, which has 

high amplitude at the inlet plane, and the convective heating of the fluid at 

relatively low temperature at the pipe inlet due to the uniform heat source. 

The temperature oscillation at outer planes is visible for relatively thin wall 

pipes (thickness < 0.02m), while the temperature oscillation diminishes as 

the thickness increases. In this case, the pipe material acts as a heat source 

heating the fluid almost uniformly and damping the temperature 

fluctuations in the pipe wall. Oscillation in effective stress is observed. The 

magnitude of the oscillation is more pronounced at the pipe inlet plane. 

Moreover, the oscillation is amplified as the heating progresses.

2. Effective stress levels have frequencies of oscillation similar to those 

corresponding to tempaerature.

3. The interface (inner wall) temperature oscillation is more pronounced. 

This, in turn, causes effective stresses to oscillate more at the inner wall of 

the pipe and higher stress oscillation amplitudes are observed. This is 

because of the high magnitude of temperature gradient across the interface. 

This is more pronounced at the inlet plane of the pipe.
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4. The effective stress rises rapidly in the early heating period and as the 

heating progresses the rate of rise in the stress level becomes almost 

steady. This is because of the wall temperature, which increases rapidly in 

the early heating period. As the pipe diameter reduces, the magnitude of 

effective stress reduces. This occurs because of the temperature gradient 

across the pipe wall, which reduces with reducing pipe diameter. The 

increase in pipe thickness enhances the stress levels, i.e. equivalent stress 

increases with increasing pipe thickness.

5. The effect of Reynolds number on the temperature profiles at different 

locations inside the pipe wall is more pronounced at outer planes. The 

effect of Reynolds number on the effective stress is similar to that on the 

temperature field. In this case, the amplitude of stress oscillation increases 

at the outlet plane.

6. The effect of the pipe length on the temperature profiles is almost 

insignificant and this is also true for the stress field at different locations in 

the pipe.

7. Increasing the heating load enhances (increases) the stress levels in the 

pipe wall, but it does not have an effect on the oscillation frequency and 

trend.

8. It is observed that temperature oscillation at the interface and inside the

solid increases as the specific heat of the fluid increases. Due to this, more 

effective stress oscillation occurs in the solid due to the increase in the 

specific heat of the fluid. The levels of effective stress reduce as the 

thermal conductivity of the fluid reduces. This is because of the large 

difference in temperature between the interface and the inside layers of the 

solid. 134



9. As the frequency of pressure difference oscillation reduces, the 

temperature oscillation frequency reduces and the amplitude of oscillation 

increases. The increase in amplitude is due to the heat transfer rates 

reduction to the fluid. This results in an increase in the effective stress 

oscillation amplitudes. Also the levels of stress reduce as the frequency of 

oscillation reduces.

5.2 R e c o m m e n d a tio n  fo r  F u tu re  W o rk

In the present study, thermal stresses in pipes at different lengths, thickness 

and diameters are considered due to laminar, turbulent and pulsating flow situations. 

The experimental study validating the present predictions will be fruitful for further 

study. Moreover, the effect of swirling at pipe inlet is not taken into account in the 

analysis. In some of the pipe flow applications, inlet swirling occurs because of 

change in geometric configurations of the piping system. This situation can develop in 

the cases of flow inletting from the large diameter pipes (pipe joints), inletting from 

large sections (flat plate heat exchangers tubing), and reservoir exiting. Consequently, 

when modeling the flow and temperature fields, the inlet swirling needs to be 

introduced in the analysis. This, in turn, results in modification of flow and heat 

transfer equations employed in the simulations. This can be considered as first 

proposal for future work.

The second proposal for the future study can include the investigation into the 

stress developed at pipe joints, such as oblique joints, due to fluid flow and heat 

transfer. In this case, the boundary conditions for the governing equations of flow and 

heat transfer need to be modified accordingly.
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